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Abstract

Improvement in the fuel economy of the internal combustion engine is imperative
given the demand of increasingly strict fleet average carbon dioxide (COy)
emissions limit. Compressed natural gas (CNG) has emerged as a promising
automotive fuel to meet this demand due to its favorable fuel properties. However,
today’s CNG fuelled engines with port fuel injection technology have inferior peak
performance compared to gasoline direct injection (GDI) engines, primarily due to
lower volumetric efficiency. CNG direct injection technology has the potential to

overcome these limitations.

Therefore, this study investigates the performance of a 4-cylinder, downsized and
boosted, spark-ignited production engine when employing directly injected
compressed natural gas (DI CNG) and gasoline direct injection (GDI). This work
first examines the impact of various injection timing strategies with DI CNG
operation and SOI timings in the range of 240 to 280 deg bTDCp;,. are shown to
be optimal for engine performance. A comparison of part-load performance with
CNG and gasoline then shows similar fuel efficiency under stoichiometric
conditions. DI CNG operation with fuel injection after IVC also achieves the same
peak torque as GDI operation at low engine speeds with substantial fuel economy

benefits.

The impact of charge dilution with both EGR and excess air is then examined
with DI CNG and GDI operation. For equivalent dilution levels with CNG
fuelling, air dilution demonstrates higher brake thermal efficiency (BTE) than that
with stoichiometric EGR dilution. Both DI CNG and GDI exhibit similar engine
performance at a given level of air dilution, although higher BTE is observed with

GDI than that with DI CNG at a similar EGR rate.



Premixed turbulent combustion simulations are then performed for both fuels under
stoichiometric, EGR, and lean conditions. The theory of Bradley is then used to
establish a relationship between the modelled onset of flame quenching and increased
COVyep and UHC emissions for both fuels and both charge dilution strategies.
This provides physical insight into the role of charge dilution on combustion and

engine performance.

Finally, this work shows that a DI CNG engine utilizing stoichiometric, EGR, and
lean-burn operation consistently demonstrates lower engine-out total CO, equivalent
emissions than the baseline stoichiometric GDI engine over a range of operating
conditions. Furthermore, several forms of advanced DI CNG engine operation are
examined, including internal EGR, multi-pulsing, and the combined use of air and
EGR dilution. The latter is shown to avoid high engine-out NO, emissions at some
operating conditions, and may potentially be superior to the sole use of air or EGR

dilution.
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Chapter 1

Introduction

1.1 Transportation greenhouse gas emissions

The transportation sector is the fastest-growing contributor to global greenhouse gas
(GHG) emissions and is currently responsible for 24% of direct carbon dioxide (COs)
emissions from fuel combustion [1]. On-road vehicles such as motorcycles, cars,
trucks, and buses account for nearly three-quarters of these emissions. To mitigate
global climate change [2], legislation for fleet average CO, emissions worldwide has

become more stringent in recent years, as shown in Fig. 1.1.

The carbon dioxide (COs2) emissions from a vehicle can be viewed as [3],

dmco, Nnco, Mco, §oF 1 Pair 9
_ 7 1 Pair v A
dz (nC,F Mo ) \ZHV: ) \n (mlofn+a + 55rCate?)
—_—— ~— ~— ——

=1 =44/12 a b ¢
(1.1.1)
where the ratio of mole flow of COy and carbon in the fuel, nco,/ncr = 1 for

complete combustion, Moo, /Mc is the ratio of mass of CO, molecule and carbon
atom, {c p is the carbon mass fraction of fuel, LHVp is the lower heating value of
fuel, and 7, is the thermal efficiency. As such, the term (a) depends only on fuel
properties, (b) depends only on the powertrain efficiency, and (c) is only related
to road loads. This fundamental expression has driven research to improve the fuel
efficiency of conventional powertrains using engine technologies (e.g., turbocharging,

dilute charge combustion) and low-carbon intensity fuels.
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Figure 1.1: Historical fleet COy emissions and current standards for passenger
vehicles in major global markets [4, 5], where gCOq/km is defined for the New
European Driving Cycle (NEDC).

In the coming decades, while fully electric and fuel cell powertrains should displace
conventional powertrains, internal combustion engines will remain in conventional
and hybrid powertrains. At the same time, there should be greater use of
alternative fuels, including those produced from renewable sources (e.g.,

electro-fuels and biofuels) [6].

1.2 Motivation for the research

Natural gas offers an approximate 23-24% tailpipe (tank to wheel) COy emissions
reduction compared to gasoline on an energy basis [7, 8]. Furthermore, compressed
natural gas (CNG) can be blended with all types of renewably-sourced methane
(i.e., bio-methane or power-to-gas methane) up to a blended rate of 100%, unlike
ethanol-gasoline or biodiesel-diesel mixtures [9-12]. These factors, along with
natural gas’ high octane number [13, 14], enhance the carbon abatement potential

of CNG compared to conventional fuels.

With more than 25 million natural gas fuelled vehicles (NGVs) and 32,577 refueling
stations [15], the market for natural gas as an automotive fuel is global, though most

NGVs are located in the Asia-Pacific region (Fig. 1.2). According to one source, by
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Figure 1.2: Global NGVs numbers by region, 2000 to 2018 [15].

2030 the number of NGVs is expected to rise to 15 million, with an additional 3,800

stations in Europe [16, 17].

However, CNG fuelled vehicles have traditionally inferior performance compared to
liquid-fuelled vehicles because they have either port fuel injection (PFI) or throttle
body injection. As an example, the performance comparison of the latest boosted
European passenger cars (2014 year model) is shown in Fig. 1.3, where the average
CNG PFT engine has reduced peak power and torque compared to an equivalent
gasoline direct injection (GDI) engine [18]. This occurs because the port-injected
natural gas displaces incoming air in the intake manifold, reducing the engine’s

volumetric efficiency and peak performance.

Direct injection (DI) of CNG into the combustion chamber can enhance cylinder
charging compared to the PFI system. Furthermore, DI CNG allows improved
scavenging and in-cylinder multiple injection capability as opposed to CNG PFI
technology. Such opportunities are examined in this thesis using a combination of

engine dynamometer experiments, theory, and simulation.
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Figure 1.3: Performance comparison of boosted GDI and CNG PFI engine
(Passenger car 2014 model) [12, 18].

1.3 Thesis layout

The layout of this thesis is now presented. Chapter 2 reviews the literature
regarding CNG as an automotive fuel, focusing on its combustion and application
in spark-ignited internal combustion engines. Chapter 3 describes the experimental
engine setup and the methodology used. It also includes a description of the
numerical methodology used to perform combustion and cycle analysis. Chapter 4
examines various direct injection timings’ characteristics and their impact on
engine performance with DI CNG fuelling. Chapter 5 evaluates the influence of
exhaust gas recirculation (EGR) on stoichiometric DI CNG and GDI combustion
and characterizes the resulting engine performance and emission trends. Chapter 6
presents a study of lean-burn and EGR dilute operation and probes the
relationship between measured UHC emissions and the severity of turbulent flame
quenching at dilute conditions. Chapter 7 explores further in-cylinder measures to
reduce UHC emissions at dilute conditions. Finally, in Chapter 8, the important
outcomes of this work are highlighted along with the recommendations for future

studies.



Chapter 2

Literature Review

Internal combustion engines (ICEs) are one of the key drivers in the transportation

sector and are generally categorized into two groups.

Spark-ignition (SI) engine: In traditional SI engines, a homogeneous mixture
of air and fuel (e.g., gasoline) is compressed and then ignited by a spark plug’s
electrical discharge. This type of engine dominates the passenger car market due to
its high power output. However, these engines have the drawback of lower thermal

efficiency as a result of throttling and knock-limitation.

Compression ignition (CI) engine: In CI engines, fuel (e.g., diesel) is directly
injected into the hot, compressed air of the combustion chamber and
spontaneously ignited. Diesel engines are ubiquitous in the heavy-duty engine
application owing to their higher thermal efficiency. However, these engines suffer
from higher particulate and NO, emissions, high noise level, and limited speed

range compared to SI engines.

With recent trends of improving automotive fuel economy, researchers are focused
on developing engines with fuel consumption like a diesel engine, while maintaining
the specific power output of a spark-ignition engine in compliance with the
stringent emissions legislations. This includes the introduction of high efficiency
engine technologies (e.g., gasoline direct injection, homogeneous charge
compression ignition, etc.), utilization of alternative fuels, loss reduction in

powertrain, and improvements in vehicle aerodynamics.
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2.1 Gasoline direct injection technology

Manufacturers have been adopting technologies that improve the efficiency of
light-duty vehicles. Among all emerging technologies for SI engines, gasoline direct
injection (GDI) technology has seen the highest level of adoption by
manufacturers, reaching 51% for the 2018 model year [19].

In the GDI engine, gasoline is directly injected into the combustion chamber, and
the air-fuel mixture is ignited by spark energy (Fig. 2.1). GDI concept has several
advantages to overcome the basic limitations of traditional port fuel injection
(PFI) gasoline engines such as an improved transient response, easy start-ability,

and more precise air-fuel ratio control. GDI technology also offers in-cylinder

Intake Valve

Injector

Intake Valve

(4

Injector

PFI GDI

Figure 2.1: Traditional gasoline PFI vs. GDI technology [20].

charge cooling, which reduces the combustion temperature and allows a relatively
high compression ratio operation, resulting in increased efficiency compared to the
PFI engine. Furthermore, GDI operation reduces cold-start unburned hydrocarbon
(UHC) emissions. Takigi et al. [21] has reported an approximate 30% lower cold
start UHC emissions in the GDI engine compared to its PFI counterpart.
However, the GDI engine emits higher UHC emissions at light load and high NO,
and particulate matter (PM) emissions at high load. Chad et al. [22] has
demonstrated high NO,, non-methane organic gas, and PM emissions for GDI

operation compared to the gasoline PFI.
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Exhaust emissions from automotive vehicles are growing as serious environmental
and socio-economic concerns, signifying the implementation of stringent future
emission legislation. Use of cleaner-burning alternative fuels as a replacement of
conventional fuels is one of the key strategies to counter a range of issues such as
health problems in polluted cities, climate change from increased greenhouse gas
emissions, as well as political and social instabilities related to the conventional oil
supply and price. In this context, natural gas has emerged as the most promising

green transportation fuel among the other alternative candidates.

2.2 Natural gas

Natural gas is primarily composed of methane, but also contains the trace amounts
of ethane, propane, butane, pentane, hexane, nitrogen, and carbon dioxide. The

compositions of natural gas used in this study are shown in Table 2.1.

Table 2.1: Natural gas compositions [23]

Composition Volume (%)
Methane (CHy) 92
Ethane (CyHg) 4.3
Propane (C3Hg) 0.4
Butane (C4H;y) 0.04
Pentane (C5;Hjs) 0.01
Hexane (CgHyy) 0.01
Nitrogen (N2) 0.74
Carbon dioxide (COy) 2.5

2.2.1 Resource

Natural gas is one of the world’s most abundant and widespread alternative fuels.
The worldwide distribution of proven reserves for both natural gas and crude oil is
shown in Fig 2.2. Natural gas is generally derived from conventional fossil sources.
In addition, there are rapidly growing available resources of natural gas from shale
deposits due to the advancement in hydraulic fracturing techniques. Scientific
progression to produce methane from renewable resources (e.g. bio-activity,

power-to-gas) is quite positive, and blending it to natural gas is very easy without

7
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Figure 2.2: Distribution of proven natural gas and oil reserves in 2018 [24].

any blend limits such as those for ethanol in gasoline or bio-diesel in diesel [10, 11].
The existing supply of natural gas from traditional resources can therefore perform
as an energy bridge to a renewable bio-methane future with continuous spectrum

of blending being possible along the way.

2.2.2 Storage and safety

When used as a transportation fuel, natural gas is generally stored onboard either
in liquid form as liquefied natural gas (LNG) at an extremely low temperature of
-162°C or in compressed gaseous form as CNG at a pressure up to 200 bar.
However, for the same energy content, CNG at 20.7 MPa has a volume
disadvantage of 4:1 over gasoline and 5:1 over diesel, which poses a driving range
limitation in transport applications [25]. Moreover, the requirement of a spacial
storage tank for CNG with much thicker walls also contributes to a lower storage
density compared to conventional fuels. With advancements in material technology
such as fibre-reinforced aluminum alloy or even all composites, CNG pressure
tanks can demonstrate an improvement in engine efficiency by weight savings of up
to 57% over steel and an increased storage gas pressure capability, leading to

higher vehicle range [26].

From the safety point of view, natural gas is safer than traditional fuels in many

aspects. Unlike most conventional liquid fuels, CNG is non-toxic and non-caustic
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with no potential for groundwater contamination if leaked. Furthermore, an
explosive mixture is unlikely to form in the event of a CNG leak due to its low
density and high dispersal rates [27]. CNG is lighter than air and will dissipate
upward rapidly if rupture occurs, while conventional liquid fuels will pool on the

ground and increase the danger of fire [28].

2.3 Physio-chemical characteristics of CNG

Compressed natural gas (CNG) is regarded as one of the most promising alternative
fuels due to its interesting physio-chemical properties, as shown in Table 2.2. CNG
has a high H/C ratio and heating value compared to gasoline. These characteristics
combinedly result in around 25% CO, reduction benefit with CNG due to fuel
replacement only [18, 29]. Given its wider lean flammability limit, CNG fuelled
engine can operate with higher normalized air-fuel ratio (A) than that possible with

gasoline [30].

Table 2.2: Properties of CNG and gasoline [13, 14, 23, 31]

Properties CNG Gasoline
H/C Ratio 3.96 2.026
Density (kg/m?) at 16 °C and 1 atm 0.70 751
Autoignition Temperature (°C) 600 400
Research Octane Number (RON) 120 91.6
Stoichiometric Air-Fuel Ratio (mass) 16 14.1
Lower Heating Value (MJ/kg) 46 41.67
Combustion Energy (MJ/m?) 24.6 42.7
Flammability Limits (V % in air) 5-15 14-76
Normalized fuel-air ratio limits (¢) 04-16 071-4
Laminar Flame Speed (cm/s) 41 50
Adiabatic Flame Temperature (°C) 1890 2150

2.3.1 Auto-ignition resistance

CNG has a very high research octane number that promotes the engine to operate

at a higher compression ratio, particularly at mono-fuel mode (Fig. 2.3), resulting
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Figure 2.3: Compression ratio of gasoline and CNG fuelled powertrains [32].

in higher thermal efficiency [32, 33]. Furthermore, this allows optimal combustion
phasing and negates the requirement of fuel enrichment at high load, resulting in
additional improvement in fuel efficiency with CNG relative to gasoline fuelling
[30, 34]. Higher octane rating also enables a higher downsizing potential, leading to

improved fuel economy because of smaller engine architecture.

However, the conventional definition of octane rating is insufficient to describe the
knock behavior of CNG, since the RON and MON scale end at approximately 120
before typical CNG starts to knock in a standard CFR engine [35] and no primary
reference fuels (PRF) are available with RON and MON higher than 120.

Methane Number (MN) is introduced to describe the knock resistance of natural gas
where Hy/CHy mixtures are used as PRF instead of iso-octane/n-heptane mixtures
[35]. According to [36], a minimum MN of 70 is recommended for any methane-based

fuel in the automotive application.

2.3.2 Volumetric efficiency

Volumetric efficiency (VE) is an important parameter used to measure the overall
effectiveness of an engine’s induction process and depends on the fuel type, engine

design, and operating variables.

In a SI engine, the presence of gaseous fuel in the intake system displaces air,
resulting in a lower amount of air in the intake (Fig. 2.4). For conventional fuels
such as gasoline, the effect of fuel vapor is small due to liquid phase injection. Due

to the low density of natural gas, a stoichiometric mixture of natural gas and air
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Figure 2.4: Effect of fuel vapour on inlet air partial pressure [37].

occupies about a 10% greater volume than a stoichiometric gasoline-air mixture

with the same energy content [38].

Furthermore, the vaporization of liquid fuel decreases air temperature, resulting
in increased volumetric efficiency as opposed to gaseous fuels. Experimental data
shows that the decrease in air temperature due to liquid fuel evaporation has a
more positive impact on volumetric efficiency compared to the detrimental effect of

increasing the fuel vapor amount in the manifold [39)].

2.3.3 Flame development, propagation and quenching

In the spark-ignition engine, flame generally begins as a laminar-like structure after
the ignition. In the beginning, the small flame kernel is not exposed to the full
spectrum of turbulence and is affected only by the higher frequencies [40, 41]. As the
kernel grows with time, the flame is wrinkled by only the smallest scales of turbulence
and larger length scales just convect the flame kernel bodily without affecting the
flame front. With the continuous growing, the kernel becomes progressively wrinkled
by the larger length scales until the size of the kernel is sufficient for it to experience

the entire turbulence spectrum [42].

11
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There have been several experimental studies of flame propagation in premixed
charge SI engines to improve the understanding of certain global features of engine
combustion [43-46]. Various spark-ignition zero-dimensional combustion models
have also been developed and used for this purpose such as mean flame front model,

flame sheet model, and entrainment and burn up flame model [45, 47-49].

Laminar flame speed (Sy) is an important property of a combustible mixture. This
depends on the thermo-physical properties of the unburned mixture and is defined
as the velocity at which unburned gases move into the flame front and transform to
products under laminar flow conditions. Jones et al. [50] has demonstrated a lower
Sy, of natural gas compared to gasoline under engine-like conditions. This lower S,
necessitates a more advanced spark timing for natural gas in general [34, 51], with
a more pronounced effect with the dilute operation [52-54]. However, Thurnheer
et al. [55] has observed similar ignition timings for both gasoline and methane at
part load under similar engine operating conditions. This is primarily due to less
favourable thermodynamic conditions for chemical reactions with gasoline, resulting
from lower intake pressure. It is reported that the 0-1% MFB duration is longer
with natural gas operation than that with gasoline due to slower S;, whereas the
1-90% MFB duration is comparable for both fuels due to the dominant turbulence
effect at this stage [50, 51].

The impact of dilution on laminar flame speed is shown in Fig. 2.5 (a), where Sp,
decreases significantly with the increase of diluent such as burned gas, likely due
to the reduction in mixture heating value. Furthermore, the presence of triatomic
species such as CO,, HyO in the burned gas will have more heat sink effect due to
their higher specific heat capacity (Fig. 2.5-b). It is also reported that for a similar
dilution level, EGR has a much larger effect on S; than the excess air due to its

higher heat capacity [56].

Another important parameter is the turbulent burning velocity (Sr) at which mean
flame contour propagates into the unburned mixture. This is calculated based on

the following equation [37]:

Pu
Up

Sr [(2) - 1TMFB +1 230
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Figure 2.5: (a) Effect of burned gas mole fraction on the laminar burning velocity
[56] and (b) specific heat capacity at constant pressure as a function of temperature
for exhaust species [57].

where MFB is the mass fraction burned, p, and p; are the densities of unburned and
burned gases, respectively. u; is the mean expansion speed of the burned gas (or
apparent burning velocity) and is defined as u, = S+ u,, where u, is the unburned

gas speed just ahead of the flame front [37, 42].

Turbulence contributes to the wrinkling of the flame front and thus promotes its
propagation [58-63].  The structure of the turbulent flame front has been
characterized using several dimensionless parameters such as Damkohler and
turbulent Reynolds numbers [37, 64]. The Damkdhler number measures the
relative importance of turbulence to fuel chemistry and is defined as the ratio of

characteristics turnover time of an eddy to laminar burning time and is expressed

Tflow lO 6L lO SL
Da=———=(—2)/l )= (=% 2.3.2
¢ Tchemical (ut) / (SL) (5L) (ut ’ ( 3 )

where [y is the integral length scale which measures the size of the large energy

as:

containing structures in the flow, u’ is the turbulent intensity, S; is the laminar
flame speed, and ¢y, is the laminar flame thickness. d; is estimated based on the

following approximation given by Turns [65]:

2x
~ g

5L, (2.3.3)
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where « is the thermal diffusivity. The turbulent Reynolds number, which

characterizes the turbulent flow, is defined as:

Utlo

= — 2.3.4
RGT 1/7 (3)

where v is kinematic viscosity.

Using the non-dimensional Da and Rer, Abraham et al. [64, 66] delineated the
regimes of turbulent combustion, as shown in Fig. 2.6. This classification is based
on the assumptions that the mass diffusivity is equal to kinematic viscosity, and the

turbulence is homogeneous and isotropic. The combustion regimes are:

(A) The reaction sheets regime with wrinkled and convoluted flame fronts, which

occurs when [ > §, where [, is the Kolmogorov length scale;

(B) The flamelets-in-eddies regime which occurs when ly > 07, > lx;
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Figure 2.6: Premixed, turbulent combustion regime for a range of Da and Rer
(64, 65].
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(C) The distributed reactions regime without any flame sheet which occurs when

< r.

Overall, this illustrates the importance of turbulence intensity, laminar flame
speed, and gas properties on the flame structure and consequently establishes the
combustion regime. The engine combustion regime is generally expected to be
either in the wrinkled laminar flames or flamelets-in-eddies regime [43, 64]. This
area is indicated by the box-shaped region in Fig. 2.6. Structural form of flame

front under the influence of turbulence is also studied using the ‘Borghi diagram’

[67-69].

The effect of turbulence on the flame front varies at different stages of the combustion
process, particularly for a transient flame such as that in an engine. Abdel-Gayed et
al. [61] has introduced the concept of an effective turbulent intensity (u}) embodied
in the turbulent intensity (u’) to quantify the degree of turbulence affecting the

flame kernel growth. The correlations used to calculate ul are as follows:

() = (')’ / "5 (F)dF, (2.3.5)

- 3.3
1+ (20F)F + (0.25F)" + (0.08F)"

(2.3.6)

where dimensionless frequency Fj = t;'7, and infinite frequency is associated at
the time zero, t; is the elapsed time from flame initiation, and 7, is the integral
timescale which is calculated based on [70]:

Ta = % (g)%‘ (2.3.7)

While turbulence wrinkles the flame front, it is also subjected to a large traverse
velocity and curvature due to the intense turbulence strain, which can result in
flame stretch. To measure the magnitude of flame stretch, Karlovitz et al. [71]
has introduced the concept of non-dimensional turbulent flame stretch K, which is

known as the Karlovitz stretch factor and defined as:

R (2)0(5). 259
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2.3. Physio-chemical characteristics of CNG

where the numerator is the turbulent strain rate (in which Iz is the Taylor micro-

scale of turbulence) and the denominator represents the chemical strain rate.

The flame stretch also affects the turbulent burning speed and the molecular

diffusion processes. This can be accounted for using the Lewis number, which is

defined as:

[0 k‘t
Le=— = : 2.3.9

where «a is the thermal diffusivity, D;; is the diffusion coefficient of the deficient
reactant, k; is the thermal conductivity, ¢, is the specific heat capacity at constant

pressure, and p is the density.

Bradley et al. [60, 62, 70] has studied the effect of turbulent strain on flame stretch
and potential quenching by correlating the burning velocities with the product of the
Karlovitz stretch factor (K) and the Lewis number (Le) using the ‘Bradley diagram’,
as shown in Fig. 2.7. According to the ‘Bradley diagram’, a wrinkled laminar flame
region exists at the low values of KLe. Flame sheets start to break up at the value

of KLe ~ 0.15 and continues up to the value of KLe ~ 0.3. With a further increase

20 L L O O O B E N L R
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Region Quench Region
15
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Figure 2.7: An example of the Bradley diagram [44, 60, 62].
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of KLe, the flame becomes fragmented with the potential for partial quenching due
to the higher flame stretch. Finally, a complete bulk flame quenching occurs at high

values of KLe.

To link the flame quenching theory with engine operation, Merdjani et al. [44] has
plotted the loci of gasoline combustion obtained from turbulent premixed simulation
for different engine operating parameters in the Bradley diagram, as shown in Fig.
2.8. As shown, engine operation with higher engine speeds and lean mixtures shifts
the combustion loci to a higher value of KLe and towards the partial quenching
regime due to the increased u and lower Sy, respectively. Atibeh et al. [72] has
also found that with the increase of A (i.e. A = é ), the loci of lean-burn natural gas
combustion move progressively deeper into the Bradley’s quench region, particularly

during initial stages of the flame propagation.
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(a) Effect of engine speed (turbulence) (b) Effect of mixture strength

Figure 2.8: Loci of gasoline combustion on Bradley diagrams for different engine
operating conditions. Flame progression is anti-clockwise [44].

2.4 CNG engine technology

CNG has long been used in vehicles since 1930, but the application of CNG as a
transport engine fuel has been considerably advanced over the last decade with the
development of lightweight high-pressure storage cylinders [29]. There are many
CNG engine technologies in use worldwide as shown in Fig 2.9, reflecting specific

strategies for mixture preparation, combustion control, and emissions reduction.
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Figure 2.9: CNG Engine Technology [73].

2.4.1 CNG induction system for SI engine

The technologies mentioned above differ in the way of introducing CNG into the
engine cylinder, and are evolved from basic venturi to efficient sequential injection
and then to the modern direct injection system, as shown in Fig. 2.10. In general,
CNG induction systems for SI engines are primarily categorized into two types: port

fuel injection and direct injection.

Direct Injection gl x|
BS-V . \
|
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() 4
B8S-IV —
Throttle body Injection
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Gas Air Valve 'O

BS-1i
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-
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Figure 2.10: Evolution of CNG induction techniques [74].

Port fuel injection (PFT)

In this technology, CNG is injected into the intake manifold, and a premixed air-
fuel mixture is ignited near the top dead center (TDC) by a spark plug. Today’s
CNG fuelled engines primarily use the PFI system, and the injectors available in
the market for this application can achieve a maximum injection pressure of up to
8 bar. However, this technology suffers from a reduced volumetric efficiency due
to the displacement of the incoming air by CNG [18]. Furthermore, this injection
technology has limitations such as less scavenging capabilities and the inability of

multiple injections per cycle.
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Figure 2.11: Port fuel injection (PFI) technology.

Direct injection (DI)

In this method, CNG is injected directly into the combustion chamber at high
pressure. The air-fuel mixture is then compressed and ignited by the spark plug
before TDCpie. The use of DI CNG technology allows the restoration of low-end
torque by improving the volumetric efficiency and utilizing scavenging application
as opposed to CNG PFI mode. This gives an equivalent engine performance on par

with modern GDI engines through enhanced downsizing [75].

High Pressure CNG

Air in E l Spark Exhaust out

4

O

Figure 2.12: Direct injection (DI) technology.

An example of the impact of CNG direct injection strategy on the volumetric
efficiency is shown in Fig. 2.13, where volumetric efficiency is lower with a fuel
injection during the intake stroke but increases with a fuel injection after the
intake valve closure. Furthermore, this approach allows an easy conversion of GDI
engines to DI CNG types by a simple swapping of a GDI injector with a same form
factor DI CNG injector either in central or side mount location, as shown in Fig.

2.14. The critical component of this technology is the DI CNG injector. It requires
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Figure 2.13: Impact of CNG direct injection strategy on the volumetric efficiency
at WOT [76].

to deliver a high flow rate with low leakage, as well as to maintain an extended
durability in the absence of self-lubricating properties of CNG, unlike conventional
liquid fuels. The injectors available for delivering CNG in SI engine application are
PFTI type with a limited peak injection pressure capability, which can increase the
vehicle range but lacks the high flow rate. The majority of previous research works
on DI CNG have used high-pressure injectors such as a modified version of GDI
injector, or a spark plug fuel injector (SPFI) with injection pressure in the range of
50-100 bar [77-79]. However, these high-pressure injectors are unrealistic in
practical scenarios due to lower vehicle range and injector tip leakage issues [80].
Fig. 2.15 demonstrates the impact of injection pressure on vehicle range, where a
6.6% loss in vehicle range is observed if the injection pressure increases to 30 bar

from a baseline value of 16 bar. On the other hand, the choice of 8 bar operating

Gasoline

Figure 2.14: Side mounted injector position layout: GDI vs. DI CNG [81].
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Figure 2.15: Percent of CNG used from tank vs. injection pressure [75].

pressure (i.e., similar to PFI injector operation) improves the vehicle range by
3.6%, but suffers from an insufficient flow rate [75]. A low-pressure DI system is
generally suitable for low compression ratio SI engine [80, 82]. Dedicated DI CNG
injectors for SI engine applications have been developed at the prototype level
considering these design parameters by automotive industries such as Delphi,
Continental, Westport Innovation, and Orbital. In this work, one such injector

type from Continental is used, and details are provided in Table 3.2.

2.4.2 Vehicle application

Based on the CNG induction technologies discussed in Section 2.4, vehicles equipped

with CNG fuelled SI engines can be categorized into following types:

Bi-fuel

In this type, a conventional SI engine adopts two separate fueling systems based on
the PFI technology, enabling the engine to run on either CNG or gasoline. The bi-
fuel conversion may utilize the original engine management system with the addition
of gas flow controlling features and revised ignition timing, or can use a standard
CNG kits. However, the conversion of a traditional SI engine to bi-fuel type prevents

the engine from fully utilizing CNG’s favourable characteristics.
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Monovalent

In this category, CNG is used as an only fuel to run the vehicles. These engines are
either derived from traditional SI engines or designed for the purpose. For CI engine
to CNG SI conversion, modification in the piston to reduce the original compression

ratio and the addition of an high-energy ignition system are necessary.

Light-duty vehicles are typically bi-fuel or monovalent SI types, while small
commercial vehicles, heavy-duty automotive (i.e., buses, trucks) can be found with

monovalent CNG application [83].

2.5 Operation of CNG fuelled SI engine

An overview of the operational limit of CNG fuelled engines under different
conditions is shown in Fig. 2.16. The engine stability limits the external dilution
level (i.e., excess air or EGR) at low to medium loads due to the presence of high
amounts of residual gases from the previous combustion cycle. An insufficient
boost pressure due to the lower exhaust energy limits the maximum dilution level
at high loads, whereas autoignition limits the high load when the dilution
decreases [84]. There is an ongoing emphasis on improving the CNG fuelled engine
performance using traditional methods of integrating the state-of-the-art

technologies and the development of efficient combustion concepts using dilution.

Knock

limitation MBT
BMEP

Insufficient
boost pressure

Poor engine stability
COV(IMEP) >5%

P
EGR, or

Lambda,

Figure 2.16: Limits of engine operating range under different conditions [84].
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2.5.1 Modes of engine operation

Mixture composition during combustion is the most critical as it determines the
development of combustion processes.  Therefore, engine operation can be
categorized into two modes: one with a stoichiometric mixture and another with

charge dilution (either with excess air or with recirculated exhaust gas).

Stoichiometric operation

In stoichiometric operation, the air-fuel mixture is maintained at A = 1 to achieve
higher power output and stable combustion. Furthermore, a three-way catalyst
(TWC) converter is used to control the emissions within the legislation limit.
However, this approach suffers from a lower thermal efficiency due to higher
in-cylinder wall heat losses and higher pumping work at low to medium loads.
Moreover, an excessive thermal loading and auto-ignition tendency at high load

may also reduce the engine durability [85].

Diluted operation

In this mode, the engine is generally operated either with excess air (i.e., A > 1)
or with exhaust gas recirculation (EGR) at A\ = 1. Engine operation with charge
dilution generally improves the part load fuel conversion efficiency primarily due to

the following reasons [86, 87]:

(1) increase of expansion stroke work for a given expansion ratio, as the burned gases
expand through a larger temperature ratio due to the change in mixture’s specific
heat ratio. Note that the ratio of specific heats (i.e., v = E—Z) primarily depends on
the mixture property and temperature. In general, v increases with the increase of
A (i.e., decrease in equivalence ratio, ¢) for most of the fuels and also increases when

the temperature decreases (Fig. 2.17-a).

(2) decrease of pumping work as the intake pressure increases with the higher charge

dilution for a given mean effective pressure.

(3) reduction of the in-cylinder wall heat transfer due to the lower burned gas

temperature.
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However, lean-burn operation with excess air beyond a specific limit drops
combustion temperatures considerably. This results in an extended burn duration
due to the slower flame speed, which decreases the thermal efficiency. Ayala et al.
[88] has demonstrated the individual contribution of various characteristics of
lean-burn operation on the fuel efficiency as a function of A\. As shown in Fig. 2.17
(b), the specific heat ratio (y), pumping work, and in-cylinder heat transfer have
positive contributions on efficiency, though these are negated by the impact of

longer burn duration beyond a certain A threshold.

1.30 T T T T T
1.28 =
[ —-gamma |
6.0% 1 —gamma+
1.26~ 120K 3 -+ Gamma+Pump+heat
¥ 5.0% burn duration effect
"] = all effects
'_E 4.0% + A actual data /
[+] ) £
a it
o 3.0% Sy
g =
P S 2.0%
1.20 - o
2750 K 2 1.0% -
- o
Lis- 1 2 0.0% ¥E— —r— ;
[T —
30 atm 2_1-0%10 1.1 1.2 1.3 1415 1.6 1.7 1.8 119
1.16} - m
-2.0%
! 1 I I I
0.2 04 0.6 0.8 [+ 1.2 1.4 -3.0%

Fuel/air equivalence ratio Lambda

(a) (b)

Figure 2.17: (a) Ratio of specific heats for burned gases as a function of equivalence
ratio, ¢ [37] and (b) Effect of normalized air-fuel ratio, A on efficiency [88].

Natural gas engines can operate with higher excess air than that possible with
gasoline due to its substantially higher lean flammability limit [30]. An example of
limiting combustion regimes for lean engine operation with methane is shown in Fig.
2.18. As the mixture is leaned out, normal combustion changes to partial burning
and then further progresses towards the ignition limit in some cycles. This indicates
that the lean limit of CNG operation can be extended to as close as ¢ = 0.625 (i.e.,
A =1.6).

Exhaust gas recirculation (EGR) is another way to dilute the fresh mixture and can

be classified as two types [90]:

e Hot EGR: here, exhaust gases are recirculated directly to the intake system.
The engine using hot EGR uses exhaust gases to heat the intake mixture,

which promotes combustion and thus improves the thermal efficiency.

24



Chapter 2. Literature Review

100

Ignition
limit

A

LR

8
1 1

2

o

p

R

0
0.50 0.55 0.70 075 080 0.85
Equivalence ratio

Q"
7%

%2

40 7

%

I’

T

Figure 2.18: Limiting combustion regimes for lean operation with methane [89].

e Cooled EGR: here, recirculated exhaust gases are cooled before mixing with
the intake air. Cooled EGR increases the volumetric efficiency of the engine.
In addition, the lower mixture temperature further reduces NOx emissions,

but UHC emissions and cycle-to-cycle variations are increased compared to

that with hot EGR.

In general, EGR can improve the fuel economy, reduce NOx emissions, and inhibit
the auto-ignition tendency [91, 92]. Besides, it also allows stoichiometric air-fuel
operation in combination with the utilization of three-way catalyst. Cooled EGR
dilution is a crucial technology in downsized SI engines to improve power output
and reduce NOx emissions [93, 94]. However, a high level of EGR reduces the
combustion speed due to a reduction in available oxygen concentration, resulting in
increased burn duration. This causes high cyclic variation, incomplete combustion,
and finally misfire [95]. The impact of increasing EGR rate on the combustion
process is shown in Fig. 2.19, where EGR rate > 20% increases the frequency of

partial burn and misfire cycles. This limits the level of EGR dilution, with 15-

Frequency, %

0 10 0 30
EGR rate, %

Figure 2.19: EGR limit for combustion with different frequency of normal, slow,
partial-burn, and misfire cycles [96].
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30% EGR rate being the maximum limit in a SI engine under normal part-throttle

conditions [37, 96].

An example of mixture composition requirements for different operating modes over
a range of engine speed and load is presented in Fig. 2.20. Top diagram shows
that the mixture can be leaned out with the increase of mass flow rate at low
loads. However, an air-fuel ratio close to stoichiometry is required when engine
operation approaches WOT to achieve the maximum BMEP. The bottom diagram
demonstrates a stoichiometric operation with EGR dilution, where the EGR rate
varies from zero at light load to a maximum at medium load and then decreases at

WOT to facilitate maximum BMEP.
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Figure 2.20: Mixture requirement for operating strategies at low, mid, and high
engine speeds: variation of ¢ with the intake mass flow rate (top) and EGR rate for
stoichiometric operation as a function of intake flow rate (bottom) [37].

2.5.2 Engine performance

Over the years, various studies have been performed in SI engines with CNG fuelling.
Operation of a naturally aspirated, gasoline PFI engine on CNG typically results in
power and torque losses over 10% at stoichiometric air-fuel ratio and WOT condition
[73, 97-104]. This is primarily due to the reduction in volumetric efficiency (around
10% due to displacement of air by CNG in the intake manifold and 3% due to the
absence of charge cooling [102]) and low burning velocity of CNG [38, 103]. However,

brake specific fuel consumptions are lower with CNG relative to gasoline operation
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due to its higher calorific value. These peak performance losses can be recovered in
part by increasing the compression ratio, turbocharging, and lean burn concept, as

shown in Fig. 2.21.

‘ Spec. Power

////////,, TC CNG TC Lean

Qi
60 //////////// SO\

S NA Gasoline*y

\\\\\\\\\\\ oy

100

N

[KWI]

O
40- \\ S Monofuel

*) RON 91-99 ‘Eifggl_ NACNG —
8 9

11 12 13 14
Compression Ratio [-]

Figure 2.21: Specific engine power and compression Ratio [30].

In a recent study [18], a comparison between modern GDI and CNG PFI engine
shows that a CNG PFI engine in a 2014 boosted European passenger car has an
approximately 15% less peak torque and 20% less peak power compared to an
equivalent GDI engine in the same vehicle. These performance losses are primarily
at lower engine speeds below 2000 RPM when boosting is not sufficient to
compensate the displaced air by port fuel injection, as shown in Fig. 2.22 (a).
Despite this, thermal efficiency is higher with CNG compared to gasoline operation
(Fig. 2.22-b) due to knock-limited combustion phasing and fuel enrichment for

gasoline at high loads [105, 106].

Development of direct injection (DI) system for CNG fuelling has made a progressive
breakthrough in recent years, and a lot of research works have been done to assess
the performance of the DI CNG technology at stoichiometric air-fuel ratio conditions
[76, 77, 81, 91, 107-114]. Studies about the effect of direct fuel injection timing on
engine torque (Fig. 2.23: a and b) have demonstrated that the start of injection (SOI)
after the intake valve closure (IVC) improves torque characteristics by increasing the
volumetric efficiency at low engine speeds. Nonetheless, CNG needs to be injected

before IVC at high engine speeds due to the requirement of longer fuel injection
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Figure 2.22: Comparison of (a) peak torque and (b) thermal efficiency between the
boosted CNG PFI and GDI engine [105].

duration [75, 115]. Sevik et al. [111] has demonstrated that delaying the SOI for
DI CNG systems helps to increase the load to a level higher than what is possible
with the gasoline PFI operation at WOT conditions. Song et al. [113] has studied
the effect of fuel injection pressure on the DI CNG combustion and found that the

injection pressure variation has a minimum influence on combustion trends. Zeng
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Figure 2.23: Effect of the start of injection timing (SOI) on engine torque: (a)
Husted et al. [75] and (b) Rashid et al. [115].

et al. [77] has investigated the effect of various fuel injection timings on DI CNG
combustion characteristics and found that the over retarded injection (i.e., closer
to TDCpyre) results in slower combustion due to inhomogeneous mixture by the
insufficient fuel-air mixing time, whereas a fuel injection timing between the retarded
and early injection (i.e., closer to TDCgas—ezchange) demonstrates the maximum rate
of heat release (Fig. 2.24). A comparison of combustion characteristics shown in Fig.

2.25 demonstrates that the DI CNG operation has a shorter 0-10% MFB duration
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Figure 2.24: (a) Injection timings and duration and (b) Heat release rate versus fuel
injection timings [77].

than that of CNG PFI and GDI operation. However, the 10-90% MFB duration with
DI CNG is longer than that of GDI but shorter than CNG PFT operation. Recent
works [18, 75] have shown that a DI CNG engine can match the peak performance
of a GDI engine at low speeds using a combination of strategies such as late direct
injection, enforced scavenging, and retarded ignition (Fig. 2.26). [75, 81]. Finally,
the most recent work under EU Horizon 2020 framework has demonstrated that
a DI CNG engine with the state-of-art technologies outperforms the modern GDI

engine both in terms of peak power and torque [116].
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Figure 2.25: Comparison of (a) ignition delay and (b) burn duration for CNG PFI,
DI CNG, and GDI operation [75].

Effect of charge dilution

Over the years, the effect of charge dilution (both with EGR and excess air) on
the engine performance has also been studied for CNG fuelled operation. Loric

et al. [91] has examined the performance of a DI CNG engine with EGR dilution
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Figure 2.26: (a) Engine operating strategy for low end torue and (b) Relative engine
torque: CNG DI, CNG PFI, and GDI operation [18, 75].

at part load (Fig. 2.27), where an improvement in fuel consumption with optimal
EGR dilution is observed primarily due to the lower in-cylinder heat transfer and
reduced pumping losses. However, an excessive cyclic variation with the high EGR
rate usually prevents a substantial fuel economy improvements in practice. Figure
2.28 shows that the CNG fuelled engine operation with EGR significantly decreases
the exhaust gas temperature at high engine speeds and full load conditions while

maintaining the acceptable combustion variability limit[85].
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Figure 2.27: (a) Indicated specific fuel consumption (ISFC) as a function of EGR
rate and (b) Energy balance without and with EGR for DI CNG operation at 2000
RPM and 4.6 bar IMEP [91].

EGR application also needs the consideration of fuel properties, as burning velocities
in the presence of a diluent can differ significantly depending on the fuel type. This
is particularly the case during the initial flame kernel development stage [117, 118].

Neame et al. [119] has studied the tolerance limit of EGR with three different fuel
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Figure 2.28: (a) Exhaust gas temperature and (b) COVypp as a function of speed
at full load with various EGR rate for DI CNG operation [91].

types and demonstrated that EGR tolerance of methanol is better than that with

gasoline and natural gas.

Lean-burn natural gas engines offer the potential of higher thermal efficiency than
conventional stoichiometric SI engines [25, 84, 85, 120]. Engine operation with
CNG can be ultra-lean. This allows a higher compression ratio and boost pressure
without autoignition due to the lower in-cylinder temperature, leading to higher
fuel economy and power output [121, 122]. A turbocharged lean-burn concept is
introduced to extend the CNG fuelled operation range to a higher compression ratio
and more excess air using improved charge motion shown in Fig. 2.29. This enables
the use of lean-burn over the whole engine operating range, resulting in fuel economy
benefits with CNG fuelling compared to naturally aspirated gasoline operation with
PFTI strategy (Fig. 2.30). However, flame quenching, partial burn, and combustion
instabilities could be expected for extremely lean mixtures, particularly A > 1.6
[95, 120]. Lean combustion with a pre-chamber ignition system is also introduced
to improve the engine efficiency and reduce the cyclic variation for CNG fuelled

operation [123].

Higher cycle-to-cycle variability and poor combustion phasing, therefore, set a
limit on the use of extremely high dilution levels [122]. A high level of turbulence
accelerates combustion processes and reduces cyclic variability, though it may
extinguish the flame completely, particularly at higher levels of dilution [124, 125].
It is therefore necessary to control the in-cylinder turbulence to enhance its
positive effects and minimize its negative effects, thus optimizing combustion at a

higher dilution level [126].
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Figure 2.30: (a) operating A and (b) fuel economy benefits of turbocharged lean-
burn concept with CNG fuelling compared to gasoline NA PFT operation over the
operating map [32].

2.5.3 Exhaust emissions

Exhaust emissions from a SI engine contain carbon monoxide (CO), oxides of
nitrogen (NO,), unburned hydrocarbon (UHC), particulate matters (PM) and
other species besides carbon dioxide (COy) and water (Hy0). Fig. 2.31 shows the
variation of CO, NO,, and UHC emissions as a function of equivalence ratio for a

typical SI engine.
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Carbon monoxide (CO): In a SI engine, CO is generally formed under rich
operation such as startup, wide-open throttle (WOT) conditions when there is not
enough oxygen to convert all carbon to CO,. Furthermore, CO can also form in
stoichiometric and slightly lean mixture due to the dissociation of COs at typical

combustion temperature [65].

2C09 4+ Heat — 2C0O + Os. (2.5.1)

CO is not only considered as an undesirable emission but also represented as a loss

of unburned fuel energy.

Oxides of Nitrogen (NO,): Oxides of nitrogen (primarily NO and NO,) are
other important emission species from combustion that are produced in the post
flame region by the oxidation of Ny [65]. Though the highest flame temperature
occurs at a slightly rich condition (i.e., ¢ = 1.1), NO, emissions generally peak at
a slightly lean condition due to the presence of both sufficiently high temperature
and excess air, as shown in Fig. 2.31. The use of exhaust gas to dilute the engine
intake mixture lowers NO,, levels as it reduces flame temperatures by increasing the

heat capacity of the cylinder charge per unit mass of the mixture [37].

Amount of Emissions in Exhaust Flow

1 1
0.8 0.9 1.0 1.1 1.2
Equivalence Ratio, ¢

Figure 2.31: Exhaust emissions of an SI engine [127, 128].
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Unburned Hydrocarbon (UHC): Figure 2.32 highlights the primary sources

of UHC emissions. Several mechanisms that contribute to UHC emissions are:

(1) flame quenching near the combustion chamber walls due to the increased heat loss

to the wall, leaving a layer of unburned fuel-air mixture adjacent to the wall.

(2) restrained flame propagation in crevices, resulting in escape of a trapped

unburned mixture from the crevice volume.

(3) flame extinction in the bulk gas (i.e., bulk flame quenching) before reaching to
the walls due to inhomogeneous charge distribution and poor combustion quality

(e.g., inadequate control of excess air dilution, EGR, and ignition timing).

(4) any fuel stored in the intake port scavenged through the exhaust port as UHC

emissions.

(5) absorption of fuel vapour in piston deposits or lubricant film. Note that methane
is about two to three orders of magnitude less soluble in the oil layer than a larger

parafin, such as octane [51].

Figure 2.32: Sources of engine-out UHC emissions in the combustion chamber [129].

Particulate matter (PM): Emissions of particulate matter in premixed
combustion can only result from the rich operation or fuel additives, lubrication
oil, and depends on the fuel structure and flame temperature. There is no

legislation limit of PM emissions for gasoline PFI engines due to a negligible or no
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PM formation. However, PM emissions need to be considered in GDI engines as

per Euro VI SI engine emission legislation [130].

Various researchers have studied engine-out emissions from stoichiometric CNG
PFI engines and compared with baseline gasoline PFI engines at different
operating conditions [97-100, 131]. In general, both UHC and CO emissions are
lower with CNG fuelled operation due to the better mixing, lower oil film
adsorption—desorption, and elimination of wall wetting effects on the intake
manifold and the cylinder liner, particularly during the cold start conditions
[51, 95, 102, 132]. NO, emissions are normally lower with CNG than those with
gasoline due to the higher stoichiometric air-fuel ratio and lower combustion
velocity. ~ However, considerably different results can be found due to its
dependence on other engine operating parameters such as ignition timing, engine
speed, and load [34, 132, 133]. Natural gas engines also produce relatively lower
particulate matter emissions because they do not contain aromatic compounds
such as benzene, and have less dissolved impurities (e.g., sulphur compounds) than
those with petroleum fuels [134, 135]. Furthermore, evaporative emissions from
natural gas fuelled vehicles (NGVs) are significantly lower than conventional
vehicles as the fuel system for CNG is completely closed, and total in-use reactive

organic gas (ROG) emissions from fuel storage and refueling of gas tanks are small

[136].

Emissions from DI CNG engines have also been studied by various researchers. Sevik
et al. [111] has demonstrated a 33-50% decrease in UHC emissions, as well as lower
NO, and similar CO emissions with DI CNG compared to gasoline PFI operation
at the stoichiometric conditions. Zeng et al. [77] has shown that a highly stratified
DI CNG engine increases UHC emissions and decreases NO, emissions, while it
demonstrates the opposite trends at homogeneous charge conditions. Ferrera et al.
[81] has also observed similar UHC trends with the DI CNG operation, as shown
in Fig. 2.33. The late injection results in higher UHC emissions because of less
homogeneous mixing, whereas lower UHC emissions at early injection indicate a

good mixture homogeneity due to the sufficient mixing time.

A comparison of drive cycle emissions behavior between gasoline and CNG fuelled
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Figure 2.33: Unburned hydrocarbon (UHC) emissions as a function of the end of
injection with DI CNG operation at 2000 RPM and 4 bar BMEP [81].

operation in a 1.6, CNG bi-fuel engine with PFI system is shown in Fig. 2.34, where
CNG fuelling demonstrates lower tailpipe emissions in general. CNG powertrain
induces higher UHC emissions during cold start, but it reduces immediately after

that, resulting in comparable UHC emissions with gasoline fuelling over the drive

cycle [32].
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Figure 2.34: EUIII emission results from a 1.6L. CNG bi-fuel engine, NEDC cycle
(32].

EUVI emissions results of a C-segment European vehicle with a stoichiometric DI

CNG engine are shown in Fig. 2.35. All NEDC, WLTP emissions of CO, NO,, PM,
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total hydrocarbon (THC), and non-methane hydrocarbon (NMHC) are below EUVI
limits. Furthermore, PM emissions are extremely low without any particulate filter

[137].
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Figure 2.35: EUVI emission results in NEDC and WLTC drive cycle from a 1.0 L
dedicated DI CNG engine on C-Segment Vehicle, GasON project [137].

The impact of charge dilution on emissions is now discussed. The application of
EGR dilution results in a substantial reduction in NO, emissions due to lower
in-cylinder temperatures (Fig. 2.36). This is attributed to the higher heat capacity
of EGR dilute mixture (thermal effect) and lower heat release due to the reduction

of in-cylinder oxygen concentration (dilution effect) [37, 92]. With the increase of
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Figure 2.36: Engine-out NO, emissions as a function of EGR rate (a) Sakai et al.
[138] and (b) Einewall et al. [84].

EGR rate, the heat release rate decreases due to lower burning speeds resulting

from lower in-cylinder temperatures and mixture inhomogeneity (Fig. 2.37-a),
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which increases UHC emission and combustion instability as shown in Fig. 2.37
(b). Initially, the increase in UHC emissions is modest and caused primarily by
crevice flame quenching mechanisms. However, UHC emissions increase rapidly
with the occurrence of a partial burning cycle at a higher EGR rate, indicating an

incomplete combustion due to the potential bulk flame quenching [96].
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Figure 2.37: (a) Heat release rate [91] and (b) UHC and COVygp [96] as a function
of EGR rate.

With lean-burn operation, as shown in Fig. 2.38, engine-out UHC emissions
decrease with the increasing A due to decreased unburned fuel trapped in crevices.
Furthermore, the post-combustion oxidation of the crevice gas is more effective
during the expansion and exhaust strokes due to the presence of excess air.
However, when the mixture is very lean, UHC emissions tend to increase due to
the slow flame propagation, incomplete combustion, and misfire [84, 126].
Engine-out NO, emissions decrease significantly as the mixture is leaned out due
to lower in-cylinder temperatures. Dimitri et al. [129] has investigated multiple
injection strategies as an internal measure to reduce UHC emissions and
demonstrated that the double-injection (i.e., an early first injection containing 90%
of the total fuel amount followed by a second injection close to the ignition timing
with 10% fuel amount) reduces the UHC emissions by up to 25% compared to the

best point of the single injections.
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Figure 2.38: Engine-out (a) unburned hydrocarbon (UHC) and (b) NO, emissions
as a function A [84].

2.5.4 After treatment of exhaust gas

Contemporary CNG-fuelled engines are designed for stoichiometric operation (i.e.
A = 1), where the existing three-way catalyst (TWC) technology of a typical SI
engine is used for emissions control. With the CNG fuelled operation, the majority
of engine-out UHC emissions are methane (> 80%) [37]. The conversion of
methane requires a relatively higher oxidation temperature due to its compact
molecular structure, as shown in Fig. 2.39. Higher methane-based UHC conversion
thus requires a careful control of lambda, high light-off temperature (> 400°C),
and methane focused catalyst. With DI CNG, a catalyst heating strategy with the

post injection is also investigated to improve the UHC conversion efficiency [139].
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Figure 2.39: Typical conversion behavior of different exhaust gas components [140].
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Furthermore, researchers are currently developing innovative coating technologies
to reduce the methane light-off temperature compared to baseline technology. One

example of these is shown in Fig. 2.40.
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Figure 2.40: Methane light of temperature with improved coating technology [141].

CNG fuelled engine can operate ultra-lean to decrease COs emissions, but high
engine-out UHC emissions combined with low exhaust gas temperatures (EGTSs) for
lean-burn operation necessitate a more demanding catalytic performance. Gluck et
al. [142] has suggested a Pd based oxidation catalyst for the methane conversion

during CNG fuelled lean-burn engine operation.

2.6 Greenhouse gas emissions

Carbon dioxide (CO3) increases the atmosphere’s heat-trapping capability, resulting
in increased average global temperatures. Therefore, CO45 emissions are considered
as the greenhouse gas emissions and regulated in the world’s most of the automotive

markets.

Figure 2.41 shows the energy-specific COy formation for various fuels. Given its
lower C/H ratio, methane offers an approximate 25% CO, reduction compared to
conventional fuels such as gasoline and diesel [30]. Harry et al. [75] has shown that

with a dedicated CNG engine and state-of-the-art technologies, DI CNG
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Figure 2.41: Fuel energy specific COy formation [30].

combustion system can exhibit a substantial reduction in COs emissions (i.e.,
~16%) compared to CNG PFI engines (Fig. 2.42).
demonstrated a 33% reduction in CO, emissions with DI CNG operation (having
optimized combustion chamber, high compression ratio, and direct injection)
compared to a GDI engine over NEDC cycle, as shown in Fig. 2.43. Finally, an
overview of emissions reduction potential of CNG fuelling compared to gasoline

operation is shown in Fig. 2.44, where the total impact of greenhouse gas emissions

based on the GWP of CO, and CH, (CNG only) is also highlighted.
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Figure 2.43: Comparison of CO; emissions with DI CNG over GDI operation [76].
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Figure 2.44: Emission reduction potential of CNG compared to gasoline [32].
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2.7 Engine durability

Unlike gasoline, CNG lacks the latent heat of evaporation and lubrication property,
which leads to higher metal temperatures when used as an automotive fuel (Fig.

2.45). This may lead to thermal failure of the engine parts [102, 143]. The durability
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Figure 2.45: Temperature of various components with gasoline and CNG fuelled
operation [102].

of a CNG engine with higher CR can be improved by selecting suitable materials
and surface treatment methods for valves, valve seats, and spark plugs, and using

high strength piston and modified water jacket design [95, 102].

2.8 Summary

This chapter outlined the details of CNG fuelled SI engine with both port fuel and
direct injection systems and presented a performance comparison with the
conventional gasoline engine at stoichiometric conditions. Today’s spark-ignited
CNG engine operating with the PFI technology suffers from a lower volumetric
efficiency, resulting in an inferior peak performance compared to a modern GDI
engine. An optimized mono-fuel natural gas engine with the DI technology is
emerging as a potential solution to overcome these CNG PFI engine shortcomings.
However, DI CNG technology’s impact is not well charcterised for modern,

production SI engines in the literature.
This chapter also presented an overview of CNG fuelled engine operation with
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external dilution (i.e., EGR, excess air) comprising the engine operating envelope,
fuel economy, emissions, and strategies to achieve a stable combustion, particularly
with the PFI technology. The status of current exhaust gas after-treatment
systems and engine durability issues with CNG fuelled operation were briefly
discussed. Implementation of the EGR dilution strategy to a stoichiometric SI
engine operation improves the fuel economy, knock-limit, and in-cylinder NO,
production while maintaining the functionality of TWC for exhaust emissions
reduction. The lean-burn natural gas engine achieves a relatively higher thermal
efficiency due to CNG’s extended lean flammability limit. Nevertheless, higher
cycle-to-cycle variation, incomplete combustion, and misfire have been reported

while using the extremely lean or high EGR dilution.

CNG fuelled operation overall reduces all engine-out exhaust emissions compared
to the gasoline-fuelled engine. Furthermore, a significant CO, reduction potential
is demonstrated for CNG fuelled operation due to favorable fuel properties and
efficiency improvement. However, the methane slip can negate these benefits due
to its higher GWP. Therefore, an adequate knowledge of UHC emission formation
mechanism and it’s control management are necessary for the optimal DI CNG

engine performance, particularly with external charge dilution.

2.9 Research questions

Based on the current state of knowledge present in the literature, the following

research questions are proposed for this work to improve further the knowledge base

of DI CNG fuelled SI engine technology.

1. How do the performance and greenhouse gas emissions of a modern,
DISI production engine compare when fuelled with gasoline and

CNG at stoichiometric conditions?

The majority of previous DI CNG research was conducted using
single-cylinder engines or multi-cylinder, bi-fuel SI engine systems without
state-of-the-art technologies.  Furthermore, these studies compared the

performance of DI CNG operation to that of gasoline PFI operation. While
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there are obvious CO, emissions benefits from replacing gasoline with CNG
in modern SI engines, there are no studies to date that have characterised
the additional carbon abatement gained through the implementation of DI
CNG technology nor the associated injection or combustion strategies

required to realize these benefits.

2. How does the charge dilution strategy impact the fuel efficiency and

emissions of a DI CNG engine?

Engine research involving external charge dilution with either excess air or
EGR are well documented for SI engine operation, highlighting the benefits
and drawbacks of each approach. However, there are no studies to date that
consider DI CNG engine performance when employing each of these dilution
strategies. Furthermore, previous works have not demonstrated the best
methods to use external dilution to improve fuel economy and GHG
emissions over a production engine’s operating range. This optimal
utilization, which is not established for DI CNG operation, requires a
thorough understanding of the underlying mechanisms connecting turbulent
flame propagation to pollutant formation. Therefore, this research effort will
characterise and analyse DI CNG engine operation with charge dilution using

EGR and air.

3. Can advanced DI CNG combustion strategies address the trade off

between fuel efficiency and emissions when charge dilution is used?

The use of lean-burn and EGR dilution with CNG fuelling improves the
engine’s fuel efficiency versus baseline GDI operation. However, excessively
lean fuel-air mixtures or high EGR rates cause increased UHC emissions due
to incomplete combustion, which is not studied in the literature for charge
dilute DI CNG engine operation. As the large majority of these UHC
emissions will be a high GWP methane, understanding the impact of various
in-cylinder techniques on UHC emissions is necessary utilizing the capability

of the DI system, particularly with the dilute operation. Moreover, lean-burn
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strategies should avoid mixtures near stoichiometry due to high NO,
production, which also has a significant GWP. Therefore, this work will
consider all primary greenhouse gas production to determine the best

approach for fuel-efficient, low emission, DI CNG operation at part-load.
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Chapter 3

Experimental Setup and

Numerical Method

This chapter describes the research engine, test cell facilities, and instrumentations
used to conduct all experiments in this work. The methodology implemented to
design the matrix of experimental operating conditions is also discussed. Further,
a detailed numerical methodology is presented to perform the combustion analysis

using Gamma Technologies’” GT-Suite software.

3.1 Experimental setup

An experimental test-bench was prepared in the Thermodynamics Laboratory at
the University of Melbourne to perform both gasoline and CNG fuelled
experiments. The test engine was instrumented with various actuators and sensors
to operate and acquire experimental data under different test modes. The existing
AC dynamometer and coolant conditioning unit of the test cell were connected to
the test engine for speed and coolant temperature control, respectively. Details of

each system are discussed in what follows.

3.1.1 Test engine

A 2.0L four-cylinder, downsized and turbocharged, direct injection (DI) Ford

EcoBoost engine with a compression ratio of 9.3 was used to conduct the
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experimental investigation. The cylinder head of the engine features a pent-roof
combustion chamber with a centrally mounted spark plug, as well as dual overhead
cam shafts (DOHC) with independent variable cam timings, allowing for intake
advance and exhaust retard up to 50 crank angle degrees. The engine was also
equipped with four side-mounted injectors (Bosch HDEV 5.1) to enable direct
injection of gasoline into the cylinder. In this work, the gasoline used is a regular
grade US EPA Tier 3 Certification Fuel [31]. Although the compression ratio of
the engine appears relatively low for CNG fuelled operation considering its high
knock resistance, the engine architecture was kept the same as production engine
to allow for a direct performance comparison between gasoline and CNG fuelled
operation. Note that this work didn’t use any after-treatment system with the test

engine. The specifications of the test engine are outlined in Table 3.1. The test

Table 3.1: Test engine specifications

No of Cylinder 4
Bore x Stroke 87.5 mm x 83.1 mm
Displacement 2.0L

Compression Ratio 9.3:1

Valve Train DOHC

Injection System Side mounted DI

Firing Order 1-3-4-2

Peak Power 159 kW (91 RON) and 177 kW (98 RON)
Peak Torque 340 Nm at 1750-4000 RPM

Maximum Boost 110 kPa (gauge) at 5000 RPM

Manufacturing Year 2012
Vehicle Application Ford Falcon

engine, along with all the subsystems, were rigidly mounted on a testbed with
proper alignment between the engine and dynamometer shaft to ensure its safe,
reliable, and vibration-free operation. Support accessories required to mount the
engine on the testbed had been conceptualized and designed based on the new
product development (NPD) approach using CATIA tool, as shown in Fig. 3.1.
Parts were then manufactured in the UoM Physics Workshop.
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Final Assembly \

o

Figure 3.1: Engine mounting design and assembly.

Coupling Plate

3.1.1.1 CNG fuelling system

A schematic diagram of the CNG fuelling system is shown in Fig. 3.2, demonstrating
the fuel path from gas storage at 200 bar to fuel injection at 16 bar. A Coltri MCHbH
compressor with a charging rate of 5 m®/hr was used to compress the mains natural
gas, which was then stored in three steel tanks at a pressure of 200 bar. A high-flow
reducing regulator from Aqua Environment was installed to reduce gas pressure from
200 bar to 40 bar before entering into the test cell. Natural gas flow experiences
the Joule-Thomson cooling effect when subjected to a large pressure drop through
the regulator. Therefore, a water heating module was incorporated into the system
to avoid the regulator freezing. An additional low-pressure regulator was installed
inside the test cell to maintain the fuel rail pressure at 16 bar during the engine
operation. A normally closed, electro-pneumatic valve was also installed upstream
of the high-pressure regulator to isolate the storage tank from the rest of the fuel
system. Further, a safety control logic was implemented to allow CNG flow only
when the heating water temperature was above 20°C and injectors were switched on.
Additionally, a solenoid type shut-off valve was installed on the gas line upstream

of the low-pressure (LP) regulator to locally control the gas flow.

In this work, four DI CNG prototype injectors developed by Continental Automotive
Systems were used to supply CNG directly into the combustion chamber [144]. The
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Figure 3.2: CNG fuelling system layout.

injector has an outward opening mechanical valve (hot valve) and an inward opening
solenoid valve (cold valve). The form factor of this injector is nearly identical to the
Bosch HDEV 5.1 GDI injector, enabling a simple swap of liquid fuel delivery with
that of gas. The specifications of the DI CNG injector are presented in Table 3.2.

Table 3.2: DI CNG injector specifications

Maximum injection pressure 20 bar (absolute)

Static flow rate 12 £0.6 g/sec at 20 bar with Ny
Flow cone angle 80-100°

Boost power supply 48 V

Peak sustain time 1 ms

3.1.1.2 Exhaust gas recirculation system

A cooled, external exhaust gas recirculation (EGR) system was designed and
integrated with the test engine to extract the exhaust gas downstream of the
turbine and reintroduce it upstream of the compressor. Figure 3.3 demonstrates

the schematic of this system. An EGR cooler featuring spiral tube construction
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was used to cool the hot exhaust gas using the engine coolant. The temperature of
exhaust gas downstream of the EGR cooler was maintained above 100°C by
controlling the coolant flow rate using a globe valve, which helped to avoid any
water condensation issue. A DC motor-driven exhaust flap was installed
downstream of the EGR cooler to control the proportion of EGR going back to the
engine. An additional flap was also mounted on the exhaust path to control the
back pressure where necessary. The temperature of total charge (air + EGR if
recirculated) downstream of the charge cooler was kept at 38 - 40°C for all engine
experiments. Three k-type thermocouples and one sensor were installed to monitor
the temperatures and pressure at different locations of the EGR system. Two air
mass flow meters (details in Section 3.1.1.3) were incorporated to measure the
fresh air flow rate (714,) and flow rate of air-exhaust gas mixture (Myorar),
respectively. The measured mass flow rates were then used to calculate the EGR

rate based on Eq. 5.1.1.
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Figure 3.3: Cooled, external EGR system layout.

3.1.1.3 Engine instrumentation and management

The test engine was instrumented with various actuators and sensors, either

factory mounted or installed in-house. Actuators such as throttle servo, injection
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and ignition controller, variable cam, and boost solenoid were used to control the

subsystems based on OEM settings and user-given commands.

A Coriolis flow meter (Micro Motion elite series CMF010M) with a maximum flow
capacity of 65 kg/hr (measurement accuracy of + 0.35%) was used in this work to
measure both gasoline and CNG flow rate. The analogue voltage output from the
flow meter corresponding to a particular flow rate was recorded in the ECU during

experiments for engine diagnosis and performance calculation.

A Bosch HFM5 hot-film, mass air flow meter with a measurement range of 15-
850 kg/hr (measurement accuracy of + 3%) was installed downstream of the air
filter to measure the flow rate of incoming air. An additional air flow meter with
similar specifications was installed upstream of the throttle body to measure the
total charge flow rate (fresh air + EGR flow) as a part of the external EGR circuit.
The corresponding voltage signal was acquired through the ECU to calculate the

required fuel quantity for injection.

A wide-band lambda sensor (Bosch LSU 4.9) was installed on the exhaust pipe to
monitor the air-fuel ratio during the experiments. MoTeC LTC (Lambda to CAN)
module was incorporated into the engine set up to control the lambda sensor and
transmit the readings to ECU via can bus. A closed-loop lambda control module
integral to ECU maintained the operating A by performing a trim operation on the
fuel quantity to be injected. Note that the time for closed-loop lambda control trim

update was observed in the range of 0.5 to 1 second.

A Bosch 5 pin sensor was installed on the intake manifold to measure pressure and
temperature of the intake charge. Sensors were also used to monitor pressure at
various other locations such as fuel rail, exhaust pipe, and compressor downstream.
Two k-type thermocouples were mounted on both upstream and downstream of
the turbocharger to measure exhaust gas temperatures. Coolant, oil, and air
temperature (upstream and downstream of inter-cooler) were also monitored.
Various position sensors were used to provide information about the crank and
cam shaft position (hall effect type), valve timing, and throttle position as part of

the feedback control loop.

A MoTeC M142 ECU with fully open, developmental access was used to control
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and monitor the engine operation. A customized firmware was developed and
implemented in the ECU to control different modes of engine operation by
communicating with various actuators and sensors. An overview of the ECU

process flow is presented in Fig. 3.4.

Figure 3.4: Overview of ECU process flow.
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3.1.2 Test-bench facilities

3.1.2.1 Dynamometer

The research engine was tested using a Titan T460 Horiba-Schenck AC
dynamometer with a capacity of 460 kW rated power and a maximum speed of
8030 rpm. The engine and dynamometer were mounted on an air-cushioned bed to
absorb the vibrations during engine testing. A custom-designed flexible connecting
shaft was installed between the dynamometer and engine to avoid torsional
vibrations. The SPARCF test stand controller was used to operate the
dynamometer at a constant engine speed and to measure torque output for
different operating conditions. Important safety features such as over speed and
torque limit were added in the controller to protect the engine and dynamometer

in an emergency situation.

3.1.2.2 Cooling conditioning system

The cooling system of the test cell was used to remove heat from the engine and to
maintain the coolant at a specified temperature. Figure 3.5 presents the schematic
of the cooling system. Due to the implementation of an external cooling circuit,
engine components such as radiator, thermostat, and water pump drive belt were
removed from the test engine. The system used a heat exchanger (W1) to cool the
hot coolant from the engine using cold water from the university cooling tower, and
an electrical heater (H1) to heat the coolant if necessary. The temperature of the
coolant going to the engine was maintained at 90°C by mixing cold and heated fluid
using a PID controller. Another cooling system with similar architecture was used
to maintain the temperature of the incoming air after the liquid-to-air charge cooler

around 38 to 40°C. This system also helped to cool the engine oil.

3.1.3 Combustion data acquisition

Four uncooled piezoelectric transducers (Kistler 6125C, 300 bar) were used to
measure the in-cylinder pressure traces in all four cylinders. A specially designed
tube was installed into the cylinder head to accommodate the pressure transducer

and prevent any water leakage from the machined path close to the cooling jacket.
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Figure 3.5: Engine cooling circuit of the test cell.

The pressure signal from the transducers was transmitted through low noise cables
to a charge amplifier (Kistler 5064D) and then to a high-speed data acquisition
system comprising NI CDAQTM 91740, NI 9402, and NI 9222 modules from the
National Instruments. A rotary encoder with 0.1 crank angle degree resolution was
mounted on the crankshaft to synchronize the in-cylinder pressure with the
crank-angle position.  Pressure pegging was performed using the measured
manifold air pressure (MAP) and averaged in-cylinder pressure signal at BDC
(averaging window =+ 4° crank angle) [145]. An in-house combustion code was also
developed and incorporated in the LabVIEW program to provide the real-time
information on the location of 50% MFB, cyclic variability (COVyygp) for engine

optimisation and diagnosis.

In this work, a “trace-knock” or “borderline-knock” condition, which is the transition
between knock-free normal combustion and continuous knocking, was determined
by both audible signals from a microphone installed on the engine block and in-
cylinder pressure oscillations measured by the data acquisition system [146]. For the
latter, a cycle was deemed to be knocking if the peak-to-peak oscillation exceeded
a threshold value of 0.5 bar at 1000 — 3000 RPM. Finally, an operating condition
was defined to be trace knocking when the oscillation of 5% of every 300 cycles
exceeded the threshold. Note that all the measured results both for gasoline and

CNG fuelled operation were at knock-free conditions in this work, as ignition timings
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were retarded by the ECU if a trace-knock was detected with MBT ignition timing,.
In-cylinder pressure was recorded from all four cylinders for 300 consecutive cycles
as it was found that these number of cycles allowed the convergence of indicated
mean effective pressure (IMEP) for the steady-state condition. IMEP is calculated

as

J, PdV

IMEP =
Va

(3.1.1)

where P is the measured in-cylinder pressure, V is the instantaneous volume, Vj,
is the engine displacement volume, and @ is the crank angle ranging a complete

cycle.

A low-pass Butterworth filter with a cut-off frequency of 3 kHz was used to filter
the noise from raw in-cylinder pressure traces [147]. Note that the 3 kHz cut-off
frequency was selected based on the spectrum analysis as it preserved the peak
pressure fluctuation for both gasoline and CNG fuelled operation, which were at
knock-free conditions in this work. The in-cylinder combustion analysis was
performed using a representative pressure trace selected from the filtered,
measured pressure traces of one of the four cylinders. This trace was obtained
from the all 300 recorded cycles at each operating point by minimizing the cost

function [148, 149].

COST =

IMEP,,,, PP,

<1MEP,~ = IMEPW]>2 N (wﬂ (3.1.2)

where IMEP is the indicated mean effective pressure, PP is the peak in-cylinder
pressure, and the subscripts i and avg denote the i'* cycle and the average quantity
(evaluated from all cycles), respectively.  Furthermore, cyclic variability of
measured pressure traces is generally represented by the coefficient of variation of
the net indicated mean effective pressure (COVyppp), which is calculated as per
Eq. 3.1.3.

COVIMEP(%) = %» (3-1-3)
avg

where o7y gp is the standard deviation of IMEP over 300 cycles recorded pressure
traces. In this work, COViygpp was maintained below 5% for all operating

conditions. This relatively high value compared to what is typically employed (less
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than 3% limit) in the industry was used to probe the engine’s performance with

charge dilution at the limits.

3.1.4 Exhaust emissions measurement

AUTOTEST 5 Gas Analyzer was used to measure the engine-out exhaust emissions
such as CO, UHC, CO3, Oy, and NO,. This device utilizes the non-dispersive
infrared (NDIR) sensing technology to measure the concentrations of CO, CO,, and
UHC emissions. It also has two electrochemical sensors to measure O, and NO,
concentration. An overview of the analyzer’s gas flow path layout is shown in Fig.

3.6. The analyzer uses a diaphragm type gas pump to circulate the exhaust gas
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Figure 3.6: Flow diagram of the gas analyzer [150].

through a set of filters into the bench board and two electrochemical sensors, where
contents of the sampled gas are analyzed. A water separator is used to trap the water
content of the exhaust gas before entering into the NDIR detectors as water vapour’s
infrared absorption overlaps CO and CO, absorption bands. The temperature of
the gas bench is also maintained at around 40 - 45°C to prevent any condensation
building up inside the gas bench tube. The analyzer’s proprietary software was used
to perform exhaust emissions sampling and data recording. The specifications of the

gas analyzer are presented in Table 3.3. Note that the response time of this analyzer

57



3.1. Experimental setup

is less than 10 seconds for a sample probe of 5-meter length. The measurement
accuracy of the analyzer was verified by performing the sample test with the known
concentration of calibration gases in the Thermodynamics Laboratory. The obtained
results were appeared well within the accuracy limit of the analyzer for all calibration

gases, as shown in Fig. 3.7.

Table 3.3: AUTOTEST 5 gas analyzer specifications

Exhaust Gas Range Resolution Accuracy
CcO 0-15% 0.01 % + 3 % rel
CO 0-21% 0.10 % + 4 % rel
UHC 0 - 20,000 ppm 1 ppm + 5 % rel
NO, 0 - 5,000 ppm 1 ppm + 4 % rel
O, 0-25% 0.01 % + 3 % rel
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Figure 3.7: Gas analyzer’s performance verification with calibration gases.
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3.2 Design of engine experiments

3.2.1 Selection of engine speeds and loads

It is important to know an engine’s most utilized operating range over the drive
cycles. This helps to identify engine speeds and loads corresponding to this range
over which engine’s performance improvement is imperative. A basic vehicle
simulation using GT-Power was therefore performed over drive cycles (such as
NEDC, WLTC, UDDS, US06, and HWFET) to estimate plausible engine speed
and load space. The vehicle data used was from the Ford Fusion model equipped
with the 2.1, EcoBoost engine. Figure 3.8 presents the time utilization histogram
of engine speed and load over the aforementioned drive cycles grouped into two
segments. Based on these cycle analyses, three engine speeds (1500, 2000, and
2500 RPM) and four loads (3, 6, 9, and 12 bar BMEP) were selected to form the

speed-load matrix for engine experiments.

3.2.2 DI CNG injection timing limits

Fuel flow through a high-pressure CNG injector can be considered as a compressible
flow. When the ratio of cylinder-to-injection pressure satisfies Eq. 3.2.1, then the
gas flow is choked, resulting in a constant maximum fuel flow rate through the

injector.
Je

Pcyl 2 71
ol o2 )T 3.2.1
where Pjy; is the fuel injection pressure, Py is the in-cylinder pressure, and - is the

specific heat ratio of fuel at the upstream condition.

For a constant fuel injection pressure, fuel flow regime transitions to an unchoked
regime if the start of injection is sufficiently retarded. This can lead to considerable
variations in the fuel flow rate depending on the chamber condition and result in
improper performance calibration of the engine. Therefore, it is critical to ensure

that the injector remains choked throughout the engine operation.

A basic calculation was performed to estimate the crank angle position of the end

of injection up to which the choked flow condition can be maintained. As a part of
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Figure 3.8: Estimated time usage of various engine speed and load over two sets of
combined drive cycles.

this, Eq. 3.2.1 along with the fuel rail condition of Pj,; = 16 bar and Tj,; = 38 °C
was used to estimate an upper limit for in-cylinder pressure resulting in choked fuel
flow. Fig. 3.9 shows this upper limit (Peyichoke) superimposed onto the calculated
in-cylinder pressure (Py) based on the isentropic compression process using various
manifold air pressures (MAP) as initial conditions. The crank angle location at
the intersection of Py and Pcyichoke indicates the maximum end limit of the fuel

injection for a given MAP to ensure the choked flow. On the other hand, the
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maximum advanced start of injection in the intake stroke needs to avoid any CNG
flow back into the intake manifold. Considering these criteria, the start of injection
timing ranging from 320 to 80 deg bTDCpye was initially selected, though this could

be changed depending on the operating conditions during the engine experiments.
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Figure 3.9: Estimation of injection end limit for choked flow.

3.2.3 Turbomachinery control for dilution tests

The experiments featuring air or EGR dilution deviate from the factory operation
and therefore require an appropriate control strategy for the turbomachinery. One
of the goals in the dilution tests, which are conducted at part-load conditions, is to
maintain the atmospheric pressure in the intake manifold to avoid pumping losses
and maximize the fuel efficiency. The engine controller has the flexibility to run the

turbomachinery in two different modes to accomplish this objective.

Mode 1: Operate the turbomachinery with factory settings. Adjust the throttle
position to maintain the manifold air pressure (MAP) at 1 atm for varying amounts

of dilution.
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Mode 2: Operate the turbomachinery with a fully open wastegate, which will
prevent any boosting.  Maintain wide open throttle (WOT) to ensure the
atmospheric pressure in the manifold. In this mode, increasing the amount of

dilution will decrease the engine torque.

For this study, ‘Mode 2’ is used in all experimental conditions featuring dilution for

the following reasons.

1. When running with the wastegate fully open, no work is extracted from the waste
heat of the exhaust by the turbomachinery. Thus, the exhaust temperature is higher
than that of Mode 1. The increased temperature is preferred for better conversion
of emissions in the catalytic converter, as exhaust gas temperatures (EGTSs) are

already low when using high dilution rates.

2. The pressure of the exhaust in Mode 2 is higher than in Mode 1 because the
exhaust enthalpy is not utilized by the turbine. This allows for a higher maximum
EGR flow rate through the engine’s low-pressure EGR loop, which enables a broader
range of engine load to be metered by EGR at WOT. This load metering method
is favorable when operating the engine at stoichiometry with EGR, as the overall

drive cycle efficiency will be increased by removing throttling at part load.

The reader is referred to Appendix B.1 for additional experimental results regarding
these points. Note in instances where external dilution is unable to control the load
due to excessive combustion instability and engine misfire, the throttle position was
closed from WO'T to decrease the load. Therefore, when the load was held constant
with a varying amount of dilution at a given speed, the throttle position was also

varied.

Table 3.4 presents an overview of a detailed test plan comprising various
experimental modes and operating conditions with both GDI and DI CNG. To
ensure the consistency of measured results, two sets of reference experiments; i.e.,
WOT motoring test at 1500 RPM and stoichiometric firing test at 1500 RPM and
6 bar BMEP, were repeated regularly. The peak pressure variation is observed less
than 1% for both motoring and firing experiments, ensuring the repeatability of
operating conditions. Once the steady-state condition was reached, measurements

were taken over two minutes for the engine performance analysis.
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Table 3.4: Experimental test matrix for Gasoline and CNG experiment

Fuel | TestMode SMER spe Lambda | EGR (%) L Pislr sol Spark ValvE Other
b
(bar) (RPM) (%) (bar) (bTDCpire) (bTDCs) | timing (deg) | Conditions
s . 1500, 2000, 2-42 (InAdv)
Stoichiometric| 3,6,9,12 NA 28-108 4to 32
2500 " 0-28 (ExRtd)
Gasoline| External EGR 0-25% NA 280 19to 31
6 2500 70 201
s g 1., 1525 0 (ExRtd)
Air Dilution i NA 19to 29
0
Start of 3,6,9 80to 320 T :38°C
Injection | (Partload) | 1500, 2000, X (increment 40°) 2-42 (InAdy) | (@fter charge
Timing (SO1) = 2500 0-28 (ExRed) | %7
Swee . close to IVC Teootant 1 90 °C
P (High Load) NA
1512, NA
CNG | ajr Dilution 13, 16 MBT
3t 1.4,15,1.6 . -
08 1500-2500 Optimized SOI Similar to
SOl mode
External EGR 1 0-25% Settings
’ . 1st - Single inj
Multi-pulsing 6,8 2000 1;:1:4 NA 40, 25 2nd - 110, 140,180

3.3 Combustion analysis

The underlying mechanisms governing the engine performance trends are generally
explained using various aspects of the combustion process. Here, Gamma
Technologies’ GT-Suite software was used to perform the heat release analysis and
characterise the combustion process. The stages involved in the performed
analysis, including the model development and two-zone combustion analysis, are

discussed in the following sections.

3.3.1 Engine model development

In this work, a single-cylinder and a detailed multi-cylinder full engine model were
built based on the test bench set up using GT-Power. The single-cylinder model
(SCM) consists of a cylinder and a crank-train object only, while the full engine
model (FEM) includes all of the engine components of the test bench from air
entry to exhaust gas out, as shown in Figure 3.10. Various GT templates were
implemented in the model, incorporating parametric information of the test engine
and other parts of the test bench (Table 3.5). The model building procedure and

descriptions of various templates are detailed in GT-Power manuals [151, 152].

In this study, GEM 3D (a GT graphical tool) was used to capture accurate geometric
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Table 3.5: Parameters required to build an engine model in GT-Power

Engln.e ) Compression ratio, firing order, no of stroke
characteristics
Cylinder Bore, stroke, connecting rod length, pin offset, TDC
geometry clearance height, no of cylinder
Intake and Geometry details of flow components such as
Exhaust system manifolds, runners, ports, and exhaust tailpipe
Throttle body Throttle diameter and location, discharge

coefficients vs. throttle angle

Location and number of injectors, Injection rate and

Fuel injector timing, air-fuel ratio, fuel type, and LHV

Intake and Valve diameter and lash, lift profile, discharge
Exhaust valves coefficients, swirl and tumble coefficient
Turbocharger Turbine and compressor maps, intercooler
and intercooler geometry and effectiveness
Ambient state Pressure, temperature, and humidity

information of intricated components such as intake and exhaust ports in the cylinder
head. Once the 3D geometry is imported into this toolbox, it is then converted into
regular shapes (e.g., pipes, flow-splits), and finally discretized for direct utilization

in GT-Power model (see Fig.3.11) [153].

Imported 3D CAD

Converted Shapes Components for GT

Figure 3.11: An example of intake port geometry import using GEM 3D [153].

Experimental data that were primarily utilized to tune and calibrate the engine
model are presented in Table 3.6. Calibration of the full engine model, particularly
at part load, requires the implementation of model-based controllers that match the
experimental conditions at different flow path locations of the model. Here, the

following controllers were used.
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Table 3.6: Experimental data used for model calibration

In-cylinder pressure, manifold air pressure (MAP), and exhaust gas pressure

Manifold air temperature (MAT), compressor-out temperature, and EGT

Air and fuel flow rate, EGR rate

Fuel injection timing and pulse width, ignition timing

Engine speed, normalized air-fuel ratio ()

1. Throttle controller to match manifold air pressure.
2. Wastegate actuator for boost pressure matching.
3. EGR controller to target tested EGR flow rate.

Once the engine model was built, combustion analysis was performed using the
measured experimental data. The detailed methodology of the combustion analysis

is discussed in the subsequent sections.

3.3.2 MFB calculation methodology

This section presents the methodology used for mass fraction burned (MFB)
calculation based on the two-zone combustion model. In this approach, the
combustion chamber is divided into two zones: an unburned zone and a burned
zone. At the time of ignition, all of the cylinder contents are assumed to be in the
unburned zone. At each time step, a mixture of fuel and air is transferred from the
unburned zone to the burned zone based on either the prescribed or calculated
burn rate. The unburned and burned zone temperatures and cylinder pressure are

then obtained using the energy equation.

Figure 3.12 shows the steps involved in the MFB calculation. The modeling
procedure begins with the initial estimation of burn parameters using
Rassweiler-Withrow (R-W) method followed by the GT-Power non-predictive

forward and reverse run simulation for final burn rate calculation.
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GT Power Non-Predictive Simulation Methodology

Rassweiler & Withrow Model
(Matlab Calculation) @

Input: P, . qred» Engine Geometry

CA50, CA10-90, Wiebe exponent l

/ Full Engine Model (FEM) \
(Forward Run)

(Wall temperature and Heat tarnsfer

Intake Flow (EngCyIlTWallSoln, Woschni lation)
ngCyITWallSoln, Woschni correlation :
Target: .., g, Combustion Module
Input: Cylinder geometry, Tq;, (EngCylCombSIWiebe)

Match: MAP, MAT and | __ Tcoolants Thermodynamic and | <

EGR rate. transfer property. Input: CA50, CA10-90,
Tune: Intake port heat In-cylinder convective heat transfer Wiebe exponent, Nicoms

@nsfer multiplier (Cy,por ) L multiplier (Cg) = 1
l Pgim> Twanr» Residual Gas Fraction,
CInPort

vaporization profile

(Re-calibrate)

n

Pnruse = \J %Z (LP()SW(I))H o

— Preas
i=1

P < 5%
Experimental Input: NRMSE o

Pmeasured Vs CAD: rhfueb

Spark, VE RGF, Ty.p, vaporization profile (liquid fuel)
Single Cylinder Model (SCM)
(Reverse Run)
Wall temperature and Heat tarnsfer Combustion Module
(EngCyITWall and Woschni correlation) (EngCylMeasuredData)
Input: T, RGF, C, Input: P, .reqa Vs CAD -~
CO Psims Twall-R’ Burn Rate’ CO'
(Re-calibrate)
Prruse < 5%
YES Burn Rate, tuned C,,.
. Tyar
Full Engine Model (FEM)
(Forward run)
Input: Burn Rate, tuned C,
Twall—F l Twall-R
Twar — Twall
Terror _ Wall-R Wall-F £ 100 Terror <2%,
TwWanr NO
YES

< Final outputs: MFB Profile, Combustion characteristics, Heat transfer)

Figure 3.12: MFB calculation methodology.
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3.3.2.1 Estimation of burn parameters by Rassweiler and Withrow

principle

In this step, burn parameters such as the location of 50% MFB (CA50), the
10-90% MFB duration (CA10-90), and the Wiebe exponent (m) are estimated
using the measured in-cylinder pressure and instantaneous volume data based on
the Rassweiler and Withrow (R-W) method [37, 154]. The reader is referred to
Appendix A.1 for the detailed calculation procedure. This method has limitations
as it neglects the combustion efficiency and wall heat transfer, and uses an
approximate polytropic index. Therefore, these parameters were only used for the

initial estimation of wall temperatures and residual gas fractions.

3.3.2.2 Full engine simulation with Wiebe parameters

In this step, a non-predictive combustion simulation was performed using the full
engine model to estimate wall temperatures, residual gas fraction, and fuel
evaporation profile (for liquid fuel only). Here, the EngCylCombSIWiebe template
was used to impose the estimated burn parameters by the R-W method as model
inputs.  In-cylinder heat transfer was modeled using Woschni’s correlation
combined with a thermal impedance network specifically developed for the engine
under investigation. EngCylTWallSoln template, which incorporates the
information regarding the engine’s cooling passage and the state of cooling fluids
was implemented to calculate the wall temperatures. Equation 3.3.1 was used to

calculate the heat-transfer from the combustion gases to the chamber walls.

dwan = Cohw(T — Twau), (3.3.1)

where gwan is the wall heat flux, h,, is the convective heat transfer coefficient based
on Woschni’s correlation, T and Ty, are the temperatures of the gases and walls,
respectively, and Cg is the convective heat transfer multiplier used to calibrate the

in-cylinder wall heat losses.

For accurate estimation of the residual gas fraction (RGF), particular attention was
paid to model the intake and exhaust flow system with proper valve timings, lift

profiles, and flow coefficients. For liquid fuel injection, a fuel evaporation model was

68



Chapter 3. Experimental Setup and Numerical Method

also implemented to capture its impact on the volumetric efficiency and in-cylinder
temperature history. Fuel distillation curve, DI injector geometry, and mass flow

rate are all considered in this model.

Fluid dynamic calibration of the full engine model is vital as the air flow (1)
entering into the cylinder determines the injected fuel mass for a given air-fuel
ratio, thus influencing the in-cylinder pressure profile. To ensure that this
parameter is captured accurately, experimentally measured manifold air pressure
and temperature (i.e., MAP and MAT) and EGR flow rate (in case of EGR
dilution) were matched using model controllers and multipliers. It is also
imperative to tune the heat transfer through intake ports as the corresponding
temperatures impact the density of the inducted air, hence the related airflow rate.
As these temperatures were not measured, tuning heat transfer at these locations
and thus calibration of the air flow rate was performed using the intake port heat

transfer multiplier (Cruport)-

Equation 3.3.2 shows the metric chosen for the comparison between simulated and

measured in-cylinder pressure.

1 = Psim(i) - Pmeas(i) 2
Prrise = 4|~ ( P %100, (3.3.2)
=1

where P..s and Pgy,, are the in-cylinder pressure obtained from measurement and
simulation over the crank angle, respectively, and n is the total number of crank angle
samples. Here, a threshold of Pyrvse=5% was chosen as the convergence criterion
for simulations [148]. The reason behind this selection was that the maximum
allowable COVypp was less than 5% in this work. The full engine model has two
important multipliers, Cp,pory and Cop, that are generally tuned manually to calibrate
the intake port and in-cylinder wall heat-transfer. As the simultaneous tuning of
Cmport and Cy would make the calibration process cumbersome, only Cr,poy was
tuned at this stage (keeping the value of Cy fixed at one) so that the trapped fuel
mass matched the measured fuel mass and Pyruse was less than 5%. Once the model
met the convergence criterion for a tuned Crpo¢, simulation results were used as

inputs for the reverse run of the single-cylinder model in the next step.
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3.3.2.3 Reverse run simulation of single cylinder model

In this step, a reverse run simulation of the single-cylinder model was performed
only for the closed part of the engine cycle using ‘Analysis, Closed Volume (CPOA)’
simulation mode. Input parameters for reverse run analysis are presented in Table

3.7.  Engine-out emissions (i.e., CO and UHC) were used for the estimation of

Table 3.7: Input data for reverse run simulation

Measured data In-cylinder pressure, volumetric efficiency (VE), fuel flow rate
(m fuel), state of incoming air, and concentration of engine-out

CO and UHC emissions

Simulated data | RGF, fuel vapour fraction, and wall temperatures

combustion efficiency and, therefore, a more accurate calculation of MFB profile.
The reverse run solver is unable to calculate in-cylinder wall temperatures as it runs
only two cycles. Therefore, wall temperatures obtained from the full engine model
were imposed into this model using an EngCylTWall template to allow the heat

transfer calculation based on the Woschni’s correlation.

In this simulation, the measured in-cylinder pressure profile was used as input using
an EngBurnRate template. The combustion burn rate was calculated iteratively
so that the simulated cylinder pressure matched the measured pressure trace. The
convective heat transfer multiplier (Cy) was varied between 0.8 to 1.2 to calibrate
the in-cylinder heat transfer and to obtain a close agreement between the simulated
and measured in-cylinder pressure based on the Pygruvse < 5% criterion discussed
earlier. An example of the effect of convective heat transfer multiplier is shown in
Fig. 3.13. Once an optimal Cj is determined, this quantity and the corresponding

burn rate profile are used as inputs to the final modeling step.

3.3.2.4 Final full engine model simulation with burn rate

In this step, full engine model simulation was performed using the burn rate profile
calculated by the previously used reverse run model. All parameters incorporated

earlier in the full model were preserved, except the followings:
e CylCombProfile template: this template was implemented instead of
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Figure 3.13: Single cylinder reverse run results: (a) simulated pressure and (b)
Pnrusg for different Cy with CNG fuelling at 2500 RPM, 6 bar BMEP, and A\ = 1.

‘EngCylCombSIWiebe template’ to input the burn rate profile.

e Tuned Cy: the convective heat transfer multiplier (Cy) that gave the best

pressure match in reverse run simulation was used here as model input.

Once the full engine simulation is completed, it is essential to compare the calculated
wall temperatures with those previously used in the reverse run model as they were
initially estimated based on the Wiebe burn parameters. Equation 3.3.3 was used

for this comparison.
T Twanr — Twanr
error

% 100, 3.3.3
TWaH-F ( )

where Twa.r and Twanr are the wall temperatures used in the reverse run model
and calculated from the final full engine model, respectively. Tepror within 2% ensures
that the applied wall temperatures in the reverse run of the single-cylinder model
are reasonable. If T, is not within the limit, the steps in Sections 3.3.2.3 and
3.3.2.4 are repeated with the latest Tway until simulation convergence is obtained.
Once the temperature comparison was established within the limit, results from the
final full engine model simulation were used for the combustion analysis. Fig. 3.14
presents such a result comparing the simulated and measured in-cylinder pressure

for stoichiometric CNG fuelled operation at 2500 RPM and 6 bar BMEP.
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Figure 3.14: Full engine model simulation results: measured vs. simulated in-
cylinder pressure for CNG fuelling at 2500 RPM, 6 bar BMEP, and A = 1.

3.3.3 Predictive combustion simulation methodology

This section describes the predictive combustion simulation process which is used
to gain an additional insight into the governing physics of premixed, turbulent
combustion, particularly at the limits of bulk flame quenching. The combustion
model is based on the ‘Entrainment and Burn-up Flame’ theory [45, 48, 49], which
postulates that the unburned air-fuel mixture is entrained into the turbulent flame
brush and then burns up at a rate governed by the amount of unburned mass
within the flame divided by a characteristic time for eddy burn-up. The governing

equations of the combustion model are as follows:

dm
© = p A (S ¢ 3.3.4
dt P ( L+u ) ) ( )
dmy — me —my
= (3.3.5)
= ll (3.3.6)
Ty = SL’ e

where m, is the total mass entrained by the outer flame envelope surface, m, is
the total burned mass, p, is the density of the unburned mixture, A, is the area of

flame front required to entrain m,, Sy, is the laminar flame speed, u’ is the turbulent

72



Chapter 3. Experimental Setup and Numerical Method

intensity, 7, is the characteristic time for eddy burn-up, and 1y is the Taylor micro-

scale of turbulence.

The goal of the model calibration step is to predict a MFB profile similar to that
obtained by the reverse run analysis. This is performed by tuning various
multipliers that affect the combustion process. This includes tuning the turbulent
flame speed (Crprg) and Taylor length scale (Crpg) multipliers to influence the
turbulent intensity and length scale, the flame kernel growth multiplier (Crgq) to
impact the initial growth rate, and the dilution effect multiplier (Cpg) for any
dilution impact on the flame speed. Figure 3.15 shows the stages involved in the
predictive combustion simulation process, and details are discussed in the

subsequent sections.

3.3.3.1 Calculation of in-cylinder flow parameters at IVC

The GT-Power full engine model (FEM) developed in Section 3.3.1 was used here
to calculate the in-cylinder flow characteristics such as swirl and tumble number,
turbulent intensity, and length scale at the intake valve closure. The ‘EngCylFlow’
module, which includes geometric features of the cylinder and piston, was
implemented in the full model to provide the information regarding swirl, tumble,
and turbulence. These parameters are pre-requisites for the final step of the
premixed, turbulent combustion simulation. GT-Power flow model breaks the
cylinder into four regions (i.e., central core, squish, head recess, and piston cup)
and then calculates the mean radial, axial, and swirl velocities at each time step by
taking into account the chamber geometry, piston motion, and flow rates of the
incoming and outgoing gases through the valves [155]. The K,,-k-¢ 0D in-cylinder
flow model was used to calculate the turbulent intensity and length-scale by
solving the mean kinetic energy (K,,), turbulent kinetic energy (k), and turbulent

dissipation rate (¢) equations as described in [37, 155].

A forward run of the full engine model was performed using the burn rate data
from the reverse run analysis. The results of the forward run such as wall
temperatures, residual gas fraction, evaporation rate (liquid fuel only), and flow
field parameters at IVC were then used as simulation inputs to the final step of the

predictive calculation.
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GT Power Predictive Simulation Methodology

/ Full Engine Model (FEM) I
(Forward Run)
All submodule of Non-Predictive Cylinder Flow Module
Full Model + (EngCylFlow)
Input: All data from final non-predictive Input: Pistion and cylinder head geometry,
simulation results. Tumble coefficient at valves.

S | 2%

T an> Residual Gas Fraction (RGF),
Tumble number, turbulence intensity at IVC

/ Single Cylinder Model (SCM) \

(Calibration, Closed Volume: Measured + Predictive)

C Combustion Module A
Non-Predictive Cylinder Flow Module (EngCylCombSITurb)
SCM submodule (EngCylFlow) Input: Spark location, Pistion and

Input: All data from + Input: Pistion, cylinder head + cylinder head geometry, LFS correlation
Calibration Variable:

Turbulent flame speed multiplier (Cygg)
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Flame kernel growth (Cggg)
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Integrated Design Optimizer (IDO)
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Outputs

Flame speed, Turbulent intensity and length scale,
Wall heat transfer

Figure 3.15: Predictive combustion simulation methodology.

3.3.3.2 Modelling laminar flame speed

The laminar flame speed for gasoline is modelled using Eq. 3.3.7, where the

coefficients are given by Keck et al. [37, 56].

T, \“ P\’ 0.77
Tref Pref

where T, is the unburned gas temperature, P is the in-cylinder pressure, P,.; = 1

atm, T,y = 298 K and X is the mass fraction of residuals in the unburned zone
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For CNG, the laminar flame speed is modelled using the Eq. 3.3.8, and the
coefficients are obtained from [152, 156].

Sp = SLo (p“) (1—2.06%X)"™. (3.3.8)

The effect of charge dilution can be modified using the dilution effect multiplier

(CDE)

3.3.3.3 Prediction of mass fraction burned

The single-cylinder model (SCM) along with inputs discussed in Section 3.3.2.3
was used here to predict the MFB profile. Additionally, the ‘EngCylFlow’ module
was used to incorporate the flow characteristics at IVC obtained from the full
engine model results (Section 3.3.3.1) as simulation inputs. An
‘EngCylCombSITurb’” module was implemented to perform turbulent combustion
calculations based on the ‘Entrainment and Burn-up Flame’ theory taking into
account the flame geometry information, laminar flame speed (Sy), and the effect
of calibration multipliers (i.e., Crrs, Crrs, Crrg, and Cpg) [151]. The predictive
run was performed with the ‘Closed Volume, Measured + Predicted (M+P)’
analysis mode for the closed part of the cycle to predict the burn rate. The
Integrated Design Optimizer (IDO) tool of GT-Suite was used to minimize the
‘Improved Burn Rate RMS Error’ between the reverse run and predicted MFB
results. This was accomplished by performing an optimization sweep of calibration
multipliers (i.e. Crpg, Crrs, Crxg, and Cpg) within the range of 0.5 to 3

[151, 157).

3.3.3.4 Validation of predictive combustion model

Figure 3.16 (a) shows a comparison of the MEFB profiles predicted by the turbulent
combustion simulation and reverse run analysis for CNG fuelled operation at 2000
RPM, 3 bar BMEP, and A = 1. As shown, the results are in a good agreement.
Both measured and predicted results of in-cylinder pressure are also closely
matching (i.e. Prusg << 5%) as shown in Fig. 3.16 (b). Furthermore, Fig. 3.17

shows a good agreement between predicted and non-predicted results in the case of
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Figure 3.16: Predictive combustion simulation results at 2000 RPM, 3 bar BMEP,
and A = 1 with CNG fuelling: (a) MFB Profile comparison (reverse run vs.
predictive run) and (b) In-cylinder pressure comparison (measured vs. predicted).
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Figure 3.17: Comparison of mass fraction burned (MFB) profiles calculated from
GT-power reverse and predictive model simulation for CNG fuelled stoichiometric
operation with (a) 0% EGR and (b) 19% EGR at 2500 RPM and 6 bar BMEP.
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stoichiometric operation with 0% EGR and 19% EGR at 2500 RPM and 6 bar
BMEP conditions. These results confirm the predictive model’s accuracy, and

therefore, it is used extensively in the subsequent result chapters.

3.4 Analysis of cycle energy share and energy

balance methodology

3.4.1 Cycle energy analysis

Cycle energy analysis is performed to obtain the share of input fuel energy at each
of the four individual strokes in the engine cycle. This is determined by dividing
the average work done during each stroke (calculated by integrating the in-cylinder
pressure trace over the cylinder volume as a function of crank angle) by the input
fuel energy. The percentage of input fuel energy share for expansion, compression
and the gas exchange process are calculated as:

Orve

Gas exchange energy (%), Egg = % x 100,

QSpark

Compression energy (%), Ecomp = TZ’V‘;TV x 100,
! f

[JEve pqy

Dspark 100

Expansion energy (%), Egp = 17
f f

ITE (%) = EE:):p - (EComp + EGE)7

where my is the fuel mass per cycle per cylinder, LHV/ is the lower heating value
of the fuel, P is the in-cylinder pressure, V is the instantaneous cylinder volume,
Orvo is the crank angle at the intake valve opening, 67y ¢ is the crank angle at the
intake valve closing, 6gyo is the crank angle at the exhaust valve opening, Ogperi is
the crank angle at the point of ignition, and ITE is the indicated thermal efficiency.

The gas exchange energy represents the combined energy share of both the exhaust
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and intake strokes in the engine cycle.

3.4.2 Energy balance methodology

A first law energy balance for an internal combustion engine provides a distribution
of the injected fuel’s chemical energy during the engine cycle. Therefore, it is utilized
as an additional tool to explain engine performance trends. For the control volume
around the engine shown in Fig. 3.18, the steady flow energy conservation equation

representing energy flow into and out of the engine can be expressed as:
tphy 4 mehe = Wy + Qr + miche, (3.4.1)

where 7 is the mass flow rate, h is the specific enthalpy, W, is the brake work
output, and Q) is the total heat losses. Subscripts a, f and e denote the air, fuel
and exhaust, respectively. The specific enthalpy (h) is composed of two parts, i.e.
h= h, + A/, where h, is the sensible enthalpy and A/, is reference state enthalpy. It

is noted that h, = 0 for air at reference state of 298 K and 1 atm.
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Figure 3.18: Control volume of an IC engine with energy flow in and out.

By considering the sensible part of the enthalpy, Eq. 3.4.1 can be written as [37,
158]:
iy LHV; = Wy + Qr + Hypr + Hpa, (3.4.2)

where H roh 1 the sensible enthalpy of the gases in the engine exhaust and HU BF 1S
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the loss of unburned fuel energy. These are calculated as:
Hpun = Zmi hs iy

Hygr = 1o LHVeo + myne LHVype,

where m; and hy,; are the mass flow and sensible enthalpy of the it" species in the
exhaust, which are obtained based on the measured emission species, exhaust gas
temperature and pressure. LHV oo and LHVy g are the lower heating values of CO
and UHC, respectively. After obtaining the values of input fuel energy (r;LHV}),
brake work output (W}), exhaust gas sensible enthalpy (Hg,y), and unburned fuel
energy (HUBF) from the measurement data, total heat losses (Q ) are inferred as a

balance of remaining energy based on Eq. 3.4.2.

The inferred total heat losses (Qp) can be expressed as the sum of several

terms:

QL = anfc’yl + QFT‘ + QPump + Qmism (343)

where Q In—cy is the in-cylinder wall heat transfer between the hot combustion gas
and the cylinder walls (calculated from the GT-Power full engine model simulation
as described in section 3.3.2), QFT is the energy losses due to friction, qump is
the energy losses due to pumping, and Qs is the heat transfer from the engine’s
external surfaces (e.g., the outside surface of intake and exhaust valves, piping, etc.)

needed to balance Eq. 3.4.3.

It is assumed that all of the engine pumping and friction work are dissipated as heat
through the engine walls [158, 159], and therefore qump and Qp, are calculated

as:

qump = WiG’ - VVZ'N7
QFT = VV?,N - Wb7

where VVZ-G and WiN are the indicated gross and net work, respectively. These are
calculated from the measured in-cylinder pressure trace. Once all of these quantities
related to energy flow into and out of the engine are obtained, they are plotted as a

percentage of input fuel energy to demonstrate the distribution of initial fuel energy
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and characterize the engine performance.

3.5 Methodology of engine-out total CO,
equivalent emissions calculation

COy emissions from an internal combustion engine can be related to (a) fuel
properties, (b) engine efficiency, and (c) actual road load [3]. One of the primary
motivations to use CNG as a transportation fuel is the substantial abatement of
CO,y emissions that could be realized through this fuel substitution. However,
methane, which is the main constituent of natural gas, has 25 times higher Global
Warming Potential (GWP) than COy over 100 years in the atmosphere [160].
Furthermore, engine-out NO, emissions (considering only NO and NO) have also
an estimated GWP of 7-10 for a time horizon of 100 years [161]. Therefore, all
engine-out unburned hydrocarbon (UHC), assuming they are mainly methane (for
CNG only), and NO, are combined with measured CO;y to form the engine-out

total COy equivalent emissions using Eq. 3.5.1.
0026 = COQ+25*UHCCH4 —|—1O*NOI, (351)

Note that this analysis overstates the importance of post-aftertreatment UHC and
NO, emissions, as the regulated pollutants would be reduced while COy would

not.
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Chapter 4

Stoichiometric DI CNG and GDI

Engine Operation

This chapter presents the engine performance and emissions observed from CNG and
gasoline fuelled DI engine operation at stoichiometric conditions. The potential to
improve engine fuel efficiency with CNG is investigated by varying injection timing
under part load conditions and comparing against the engine’s baseline performance
with gasoline fuelling. Then, the benefits of using CNG over conventional fuels in
a DI engine is considered for high load operation. Finally, a comparison of total
engine-out greenhouse gas emissions from stoichiometric gasoline and CNG fuelled
operation is presented at the engine load (3, 6, 9, and 12 bar BMEP) and speed
(1500, 2000, and 2500 RPM) tested during experimentation.

4.1 Engine performance optimization with CNG
at part load

There is strong motivation to focus on the part load performance of an SI engine,
as these engines frequently operate in this load range and are inefficient at such
conditions. In this section, the impact of the start of injection (SOI) timing of DI
CNG on part load engine performance is examined, and the SOI that produces the

highest fuel efficiency at a range of engine speeds and loads is determined.
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4.1.1 Effect of injection timing on engine performance

An integral part of optimizing a DI system is the determination of an injection
timing strategy that guarantees robust combustion and high fuel efficiency. The SOI
is expected to impact both of these phenomena in a DI CNG engine, and therefore
an injection timing sweep is necessary to realize peak performance from such an
engine. For this work, SOI timings are classified into three different strategies as

shown in Fig. 4.1 and referred to as:

e Advanced SOI: It represents the fuel injection timing occurring after 280 deg

bTDCpy-. and proceeding towards the intake valve opening (IVO).

e Retarded SOI: Injection timing occurring from 180 deg bTDCgy,.. towards the

intake valve closure (IVC).

e Intermediate SOI: This is referred to as the injection timing that occurs

between advanced and retarded SOI.
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Figure 4.1: Classification of the start of injection (SOI) timing strategies.

Using DI CNG, the displacement of incoming air varies with the injection strategy,
as shown in Fig. 4.2, which quantifies air displacement in terms of overall
volumetric efficiency. For a given throttle position, i.e., a constant manifold air
pressure (MAP), changing the start of injection from an advanced SOI of 300 deg
bTDCpg;.. to a retarded SOI at 117 deg bTDCpg;,.. increases the overall volumetric

efficiency from 56% to 61%, indicating the reduction of air displacement by using a
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DI CNG operation at 6.2 - 6.6 bar BMEP
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Figure 4.2: Effect of SOI timing on volumetric efficiency.

retarded injection strategy [91]. On the other hand, an advanced SOI can facilitate
more time for enhanced fuel and air mixing before ignition. Because of these
competing effects, it is hypothesized that there will be an optimal timing or range
of SOI where engine performance is maximized. Therefore, SOI timing sweeps
ranging from 107 deg bTDCpg;.. to 320 deg bTDCgy,.. are performed. Generally,
the most retarded SOI timing is limited by the choked flow condition at the
injector outlet (Section 3.2.2) and combustion stability criteria, whereas excessive
flow of CNG back into the intake manifold appears to limit the most advanced SOI
position. MBT ignition timing is maintained for all SOI sweep tests with CNG.
Two engine operating conditions (i.e., 3 and 9 bar BMEP at 2000 RPM) are
chosen as illustrative cases at low and mid-load to study the effect of SOI on

engine performance.

Figure 4.3 shows the brake thermal efficiency (BTE) and volumetric efficiency for
3 and 9 bar BMEP cases as a function of SOI at 2000 RPM. For the 3 bar BMEP
case, BTE peaks at 240 deg bTDCpgj.. with 23.5% and drops to a minimum of
22.7% at SOI 107 deg bTDCpyy., whereas BTE varies from a maximum of 32%
at 280 deg bTDCp;.. to a minimum value of 30.7% at 130 deg bTDCpyp. at 9 bar
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Figure 4.3: Brake thermal efficiency (BTE) and volumetric efficiency as a function
of SOTI at (a) 3 bar and (b) 9 bar BMEP, 2000 RPM, and A = 1.

BMEP. For both load cases, there is no significant difference in BTE over the span of
intermediate SOI relative to the maximum BTE value. However, lower efficiency is
observed when using overly retarded SOI. The underlying physics of these observed
BTE trends are discussed in the following sections based on the analysis of emission

behaviour, combustion characteristics, and losses related to energy balance. As
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expected, a higher overall volumetric efficiency is measured for both load cases when
fuel injection proceeds towards TDCpy.. (due to less air displacement), which is also

consistent with the trend shown in Fig 4.2.

Figure 4.4 shows the end of injection (EOI) timing and the available air-fuel
mixing time as a function of SOI. Here, the available air-fuel mixing time is
defined as the difference in crank angle from EOI to ignition. In this figure, the
ignition timing is fixed at X deg bTDC gy, which is MBT timing in all these cases.
Advanced injection timings with longer available mixing time will generally
promote a more homogeneous composition of the mixture before ignition, whereas
retarded injection timings can result in partial stratification due to lower mixing
time [109]. Furthermore, as shown in Figure 4.4, high load operation requires more
advancement of SOI relative to low load to achieve similar mixing time. This is
necessary to compensate for the available mixing time loss because of the longer

injection duration.
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Figure 4.4: Mixing time and end of injection (EOI) as a function of SOI for 3 and
9 bar BMEP at 2000 RPM.

Figure 4.5 presents the engine-out unburned hydrocarbon (UHC) and carbon
monoxide (CO) emissions as a function of SOI. With retarded injection, both UHC

and CO emissions start to increase, which suggests a reduced mixture homogeneity
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with retarded SOI and is likely due to the reduced mixing time [81]. Both
advanced and intermediate SOI with a longer mixing time appear to have a more

homogeneous mixture, as CO and UHC emissions are lower.
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Figure 4.5: Engine-out UHC and CO emissions as a function of SOI for 3 and 9 bar
BMEP at 2000 RPM, A = 1.

This UHC trend is consistent with the coefficient of variation of IMEP (COVpep)
results shown in Fig. 4.6, where the COV;ygp is maintained to less than 3% for
most of the SOI timings, though there is a sharp increase with overly retarded SOI.
Note that the selected COV limit is the typical value employed in the industry for
stable engine combustion. This suggests that retarded injection timing creates poor
combustion efficiency, resulting in a lower BTE than intermediate and advanced SOI
timings. Figure 4.7 shows the crank angle position of SOI relative to the valve lift
for 3 and 9 bar BMEP cases at 2000 RPM. For both load cases, the most advanced
SOI timings begin at a low valve lift when the flow of intake air is low. This is
potentially creating some locally rich areas in the combustion chamber, resulting in
increased CO [111, 112]. On the other hand, the SOI corresponding to maximum
BTE (Fig. 4.3) begins near the maximum valve lift where the intake air flow rate
is at a maximum. These results suggest that an SOI timing at maximum valve lift

helps to ensure a more homogeneous mixture of fuel and air. Nevertheless, a detailed
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Figure 4.6: COVypgp as a function of SOI for 3 and 9 bar BMEP at 2000 RPM.

CFD analysis of incoming air and fuel jet interactions would be necessary to gain

better insight into these trends.

4.1.2 In-cylinder pressure and combustion duration

In order to obtain a better understanding of the mechanism governing the engine
performance trends presented in the previous section, detailed combustion analysis is
considered. Figure 4.8 shows the logarithmic P-V diagram of representative pressure
traces for three different SOI at 2000 RPM, 3 bar BMEP, and A = 1. As SOI is
advanced from 107 deg bTDC gy, the intake pressure increases as the engine is less
throttled to compensate for the increasing amount of displaced air. This helps to
reduce pumping losses and improve engine efficiency at intermediate and advanced

SOI timings.

Changing the boundary conditions of the closed part of the cycle also influences
the subsequent combustion event. This is now examined with two-zone combustion
modelling using GT-Power, as detailed in Section 3.3.2 of Chapter 3. Figure 4.9
then presents the ignition timing and 0-90% MFB duration as a function of SOI for
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Figure 4.8: Pressure-volume trace comparison on a logarithmic scale for three
different SOI timings at the operating condition of 2000 RPM, 3 bar BMEP, and A
= 1.

loads of 3 and 9 bar BMEP at 2000 RPM. As expected, the 0-90% MFB duration
is shortest when the engine is operating at maximum BTE. For both load cases,
advanced ignition timing and increased burn duration with the most retarded SOI
suggest that there may be insufficient fuel-air mixing resulting in slower combustion.
This is consistent with the earlier observations of lower BTE, higher UHC and
CO, and increased COVyygp when the SOI was highly retarded. The trend of
combustion duration is not monotonic; however, a relatively short burn duration
is observed with SOI at 160 deg bTDCpg;.. For the most advanced SOI timings,
advanced ignition timing and longer burn durations are measured for MBT operation

despite a longer available mixing time.

4.1.3 Energy balance and loss analysis

Energy balance analysis based on the methodology described in Section 3.4.2 of
Chapter 3 is now used to determine where losses occur as the injection timing
strategy varies [37, 158]. Figure 4.10 (a) shows the distribution of input fuel energy

with respect to measured and inferred quantities:
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Figure 4.9: Ignition timing and 0-90% MFB duration as a function of SOI for 3 and
9 bar BMEP at 2000 RPM and A\ = 1.

1. brake work (WB);

2. unburned fuel energy (HUBF);

3. exhaust gas sensible enthalpy (H Exh);
4. total heat losses (Q).

The total heat loss (Qy) is further divided into various components, as shown in

Fig. 4.10 (b). These include:

1. in-cylinder wall heat transfer between hot combustion gas and cylinder walls
(annyl);

2. energy losses due to friction (Q Fr);

3. energy losses due to pumping losses (Q Pump)’

4. heat transfer from the engine’s external surfaces (lesc)

Note that the total value of the bars in Fig. 4.10 (b) is equivalent to the Q, for each
bar in Fig. 4.10 (a).

As shown from the energy balance in Figure 4.10 (a), the loss of unburned fuel
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energy due to incomplete combustion contributes to the variation of BTE with
different SOI, suggesting that a sufficiently homogeneous air-fuel mixture before
ignition is required for optimal BTE. Further investigation into the sources of heat
loss (Fig. 4.10-b) shows higher in-cylinder wall heat losses with SOI 107 and SOI
280 compared to SOI 240 because of their longer combustion duration and hence
more time for heat transfer. With injection proceeding towards advanced SOI at
fixed load, the engine is less throttled, resulting in decreased pumping work. Similar

trends are also observed with other speed and load as SOI is varied.
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Figure 4.10: (a) Input fuel energy balance and (b) Heat loss balance for three
different SOI at 2000 RPM, 3 bar, and A = 1.

The results suggest that retarded SOI timings are a detriment to fuel efficiency at
part load, though they could be applied at wide-open throttle or boosted conditions
to mitigate the volumetric efficiency penalty from the use of gaseous fuel. At part
loads, good mixture homogeneity appears to be the dominating factor in determining
the optimum brake thermal efficiency. Thus, intermediate SOI timings in the range
of 240 to 280 deg bTDCg;.., which balance sufficient mixing time with engine de-
throttling at a given load, have the highest brake thermal efficiency across the tested

operating range.
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4.2 Comparison of part load DI engine
performance with Gasoline and CNG

In this section, a comparison of GDI and DI CNG engine performance is presented
at stoichiometric conditions over a range of part load (i.e., 3, 6 and 9 bar BMEP).
All baseline performance data with gasoline are obtained by running the test engine
with the production engine’s factory settings. The DI CNG results here correspond
to the SOI timings that yield optimal part load performance, as discussed in Section
4.1. MBT ignition timing is maintained so long as trace knock is not encountered:
DI CNG is never knock-limited for the tested conditions, though gasoline is in some
cases. A linear interpolation method is used to generate the contour plots with

measured data points indicated by black dots.

4.2.1 Thermal efficiency and fuel consumption

Figure 4.11 shows the brake thermal efficiency of both gasoline and CNG fuelled

engine operation. These fuels exhibit similar part load brake thermal efficiency to
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Figure 4.11: Maps of brake thermal efficiency (%) for (a) Gasoline and (b) CNG
fuelled engine operation under part load conditions at A = 1.
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within experimental uncertainty [38, 111]. However, gasoline operation has around
1.3% lower BTE compared to CNG at the 1500 RPM, 9 bar BMEP condition because
it is knock-limited. This drop in BTE with gasoline would be expected to increase
with load, as combustion phasing becomes more retarded and fuel enrichment is
required to prevent auto-ignition and protect the engine hardware. A comparison
of brake specific fuel consumptions (BSFC) is shown in Fig. 4.12 for gasoline and
CNG fuelled engine operation as a function of speed and load. BSFC with CNG is
approximately 7-10% less than that of gasoline operation over the tested loads with
MBT conditions (Fig. 4.13). This is mainly attributed to the lower heating value of
CNG being around 10% higher than that of certification gasoline used in this study
(refer to Table 2.2).

4.2.2 Engine-out emissions

Figure 4.14 compares the engine-out unburned hydrocarbon (UHC) emissions of
the stoichiometric gasoline and natural gas fuelled DI engine operation under part
load conditions. With gasoline, most of the UHC emissions are non-methane
compounds, while around 90% UHC are methane when fuelling with natural gas
[37]. The UHC emissions of CNG fuelled operation are generally lower than that of
gasoline operation throughout all part load conditions, and UHC reductions of up
to 60% are observed with CNG fuelling, as shown in Fig. 4.15 in terms of
normalised UHC emissions. Greater mixture homogeneity and the elimination of
fuel films on the surface of engine components are likely the major reasons for
lower unburned hydrocarbon emissions with CNG [38, 99, 131]. Figure 4.16 shows
the engine-out CO emissions for both gasoline and CNG fuelled engines. With
CNG, around 25-55% lower CO emissions are observed relative to gasoline over the
part load conditions (Fig. 4.17). Even though the SOI of gasoline is early, fuel on
wetted walls can create localised rich regions in the later part of the cycle, which
cannot occur with CNG. These locally rich regions possibly have a significant
impact on CO formation [99]. Furthermore, the 1500 RPM and 9 bar BMEP
gasoline condition is knock-limited and has higher CO, which also adds to overall
engine-out CO emissions with GDI operation. Figure 4.18 shows a comparison

of engine-out NO, emissions for both fuels under part load conditions. NO, is
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Figure 4.12: Maps of BSFC (g/kWh) for (a) Gasoline and (b) CNG fuelled engine
operation under part load conditions at A = 1.
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Figure 4.14: Maps of engine-out UHC emissions (g/kWh) for (a) Gasoline and (b)
CNG fuelled engine operation under part load conditions at A = 1.
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Figure 4.16: Maps of engine-out CO emissions (g/kWh) for (a) Gasoline and (b)
CNG fuelled engine operation under part load conditions at A = 1.
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GDI engine as a function of speed and load at A = 1.

generally produced in post flame gases and is strongly related to peak combustion

temperatures [37]. As shown in Fig. 4.19, higher engine-out NO, emissions are
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observed with gasoline fuelled operation due to higher in-cylinder temperatures

arising from gasoline’s lower stoichiometric air-fuel ratio [111], except at the

knock-limited conditions.
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Figure 4.18: Maps of engine-out NOx emissions (g/kWh) for (a) Gasoline and (b)
CNG fuelled engine operation under part load conditions at A = 1.
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4.2.3 Combustion characterization and energy analysis

In this section, two different engine operating conditions (i.e., 2500 RPM, 3 bar
BMEP and 2000 RPM, 6 bar BMEP) for both fuels are chosen and analyzed to
explain the results obtained in Section 4.2.1. A comparison of representative pressure
traces is shown in Fig. 4.20 for both (a) gasoline and (b) CNG fuelled operation at
the two different engine operating conditions. As shown at both conditions, CNG
fuelled operation has a higher pressure during the intake stroke, as the engine is
less throttled to compensate for the displacement of air by CNG, resulting in less
pumping work. Moreover, this higher intake pressure results in increased in-cylinder
pressure, especially during the compression stroke, which has an impact on the
thermodynamic conditions before ignition.
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Figure 4.20: Pressure-volume trace comparison on a logarithmic scale for
stoichiometric gasoline and CNG fuelled engine operation at (a) 2000 RPM, 6 bar
BMEP and (b) 2500 RPM, 3 bar BMEP.

Figure 4.21 presents burn duration data obtained using GT-Power for both fuels.
The 10-90% MFB burn durations are similar, but the 0-10% MFB duration for
gasoline is longer than for CNG. This is likely because, under the same engine
operating condition, lower intake pressure and in-cylinder vaporization of fuel with

GDI operation generate less favourable thermodynamic conditions for chemical
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reaction compared to DI CNG. Figure 4.22 supports this, showing that the

unburned gas temperature using gasoline is lower than that of CNG during the

compression stroke.
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Figure 4.21: (a) 0-10% and (b) 10-90% MFB duration for stoichiometric gasoline
and CNG fuelled operation at 2000 RPM, 6 bar BMEP and 2500 RPM, 3 bar BMEP.

TUnburned Gas (K)

TUnbumed Gas (K)

Figure 4.22
2000 RPM,

1100

900 -

700

500

1100

900

700

500

Crank Angle (deg)

2000 RPM, 6 bar BMEP, A = 1 g2
i a s
MAPGaso\ine 82 kPa SO %
MAPcy 94 KPA |eoveeeebommiminiiaidannannand S- 2
5 l -
——————————
.......................................... ----CNG
""""""""" f f f f f
-60 50 -40 -30 20 -10 0
Crank Angle (deg) he
[ Q
2500 RPM, 3 bar BMEP, A =1 £ F
i 2 c
MAPGaSoIlne 58 kPa :S :g
| |MAP. 66KkPa | o S =
I s Sy S S
oo m T e ----CNG
T T T T T
-60 -50 -40 -30 20 -10 0
TDC

6 bar BMEP (top) and 2500 RPM, 3 bar BMEP (bottom).

99

Fire

Fire

: Simulated Tynburned Gas for stoichiometric gasoline and CNG fuelling at



4.2. Comparison of part load DI engine performance with Gasoline and CNG

timing, resulting in a longer initial combustion duration with gasoline [55, 162].
While this finding may seem counterintuitive given that CNG is known to have a
slower laminar flame speed than gasoline, this behaviour arises as a consequence of
the load matching between fuels in the experiments, which necessarily causes the
in-cylinder thermodynamic conditions to vary between each fuel at the same

engine load.

Continuing such analysis for the rest of the cycle using the methodology described
in Section 3.4.1, Figure 4.23 shows the energy share of the expansion, compression
and gas exchange processes, as well as the indicated thermal efficiency (ITE) for
stoichiometric gasoline and CNG fuelled engine operation at two different speed
and load conditions. The expansion energy produced at both operating conditions
is around 2% higher with CNG compared to gasoline operation. This can mainly
be attributed to the short combustion duration of CNG, as shown in Fig. 4.21. In
addition, the energy consumed during the gas exchange process is slightly lower

with CNG due to less throttled engine operation. However, the energy consumed to
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Figure 4.23: Cycle energy share for stoichiometric gasoline and CNG fuelled engine
operation at 2000 RPM, 6 bar BMEP (top) and 2500 RPM, 3 bar BMEP (bottom)
conditions. (+)ve and (-)ve value indicate generated and consumed energy in the
cycle, respectively.
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Chapter 4. Stoichiometric DI CNG and GDI Engine Operation

compress the natural gas is higher due to the higher in-cylinder pressure during the
compression stroke, as shown in Fig. 4.20. This offsets the higher expansion energy
and lower pumping loss with CNG, resulting in similar indicated thermal efficiencies
for both fuels within experimental uncertainty. These ITE results are consistent with
the previously examined BTE trends and also explain why the engine has similar
thermal efficiency with both fuels even though DI CNG operation has less pumping

loss and higher combustion efficiency than that of GDI operation.

4.3 High load operation with Gasoline and CNG
fuelling

In this section, the high load potential of a DI CNG engine is presented in regards
to the prospect of torque improvement at lower engine speeds and knock-resistance
capability at high load as compared to gasoline operation. Experiments at peak
engine load are not attempted in this study with DI CNG to preserve the test
engine, as exhaust valve recession and damage on pressure transducer mountings
are possible. This is due to increased wall temperatures at peak loads, as DI CNG
can not provide charge cooling unlike conventional, liquid fuels. Therefore, the test
engine is operated at a maximum of 12 bar BMEP (a condition where the engine is

boosted) both with gasoline and CNG as a representative high load condition.

4.3.1 The prospect of high torque at low speeds with DI
CNG

CNG fuelled vehicles equipped with PFI technology inherently have lower peak
power than the same engine fuelled by gasoline due to the displacement of intake
air by CNG [81, 111]. DI affords the capability to inject fuel near IVC as shown
previously in Fig. 4.2, and in doing so, volumetric efficiency can be improved by
allowing the increased filling of the cylinder with air. Moreover, if the fuel could all
be injected after IVC, a given engine would have better volumetric efficiency than
a liquid-fuelled equivalent, as the cylinder volume before IVC would be composed

only of air and no fuel. Gaseous fuel has this additional flexibility in SOI timing
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4.3. High load operation with Gasoline and CNG fuelling

because there is no fuel vaporization needed and the fuel can directly mix with the

ambient air.

For high load operation, the SOI is therefore targeted to occur after or as close to
IVC with CNG to realize high volumetric efficiency. Figure 4.24 shows the SOI
used for 12 bar BMEP engine operation at 1500 and 2000 RPM with gasoline and
CNG. SOI timing with gasoline operation is kept the same as the production engine
at 280 deg bTDCpgj.. For CNG fuelled operation at 12 bar BMEP, SOI sweeps
are performed at each speed by retarding injection towards IVC to achieve higher
volumetric efficiency and identify the maximum possible retarded SOI that results
in less than 3% COV;yep. Theses timings are 130 deg bTDC gy, at 1500 RPM and
165 deg bTDCpg;;.. at 2000 RPM.
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SOl 280 1500 RPM, 12 bar BMEP

( ) )

f T . T . T !
-360 Intake 180 Compression Expansion ;54 Exhaust 360

TDCFire
TDC

Fire

S0l 280
___— (Gasoline: 1500, 2000 RPM)

SOl 130 SOl 16s
(CNG:1500 RPM)  (CNG: 2000 RPM)

Figure 4.24: Fuel injection strategy for gasoline and CNG fuelled stoichiometric
engine operation at 12 bar BMEP.

Figure 4.25 shows the manifold air pressure (MAP) required to produce 12 bar
BMEP at 1500 and 2000 RPM with gasoline and CNG under stoichiometric
conditions. As shown, engine operation with CNG requires a MAP of 131 kPa at
1500 RPM and 133 kPa at 2000 RPM to produce 12 bar BMEP, which is slightly
lower than the MAP for gasoline fuelling of 136 kPa at 1500 RPM and 136.5 kPa
at 2000 RPM. This shows that an engine of a given displacement fuelled with DI
CNG can match the peak torque of a gasoline-equivalent when the CNG SOI is

sufficiently retarded to mitigate any loss of volumetric efficiency.

102



Chapter 4. Stoichiometric DI CNG and GDI Engine Operation

160 12 bar BMEP
7/} Gasoline
ECNG
136 151 1365 a0
120 -
o
o
< g0
o
<
=
40
O ‘:
1500 2000

Engine Speed (RPM)

Figure 4.25: Comparison of manifold air pressure (MAP) at 12 bar BMEP, 1500
and 2000 RPM for stoichiometric gasoline and CNG fuelled engine operation.

4.3.2 Efficiency benefits of DI CNG at high load

Engine operation with gasoline is knock-limited at high load, particularly at highly
boosted conditions, whereas an engine can be operated with significantly less or
no knock with CNG due to its high octane rating. Figure 4.26 (a) shows that
engine operation with CNG is able to maintain MBT timing at 12 bar for both
tested engine speeds, but gasoline operation is knock-limited and therefore with
compromised efficiency. A comparison of engine BTE is also presented in Fig. 4.26
(b) for gasoline and CNG fuelled operation at 12 bar BMEP. With DI CNG, a
BTE up to 33% is achieved compared to 30% with gasoline, the latter of which is
attributed to knock-limited, retarded combustion phasing. The relative difference
in BTE between the gasoline and CNG operation would increase further with higher

loads as the gasoline engine becomes more knock-limited.

As expected, ignition timings in Fig. 4.27 (a) are highly retarded towards TDC g;;.
for gasoline cases to avoid knock and advanced with CNG to maintain MBT timing.
A shorter burn duration with CNG in Fig. 4.27 (b) results from more advanced
combustion phasing relative to that of gasoline [111]. This decreases the time for in-

cylinder heat transfer and increases the BTE for CNG compared to GDI operation.

103



4.3. High load operation with Gasoline and CNG fuelling

40 40

7/, Gasoline 7/ Gasoline
2 A,
E=cNG E=cNG
| 33.1 332
2 30.4 30.3
& 304 30
E 27.4
© 25.7
g 4
E Fon)
Y X
S 20- o 20 -
s '
kS
c
R
IS
8 10 9.1 9.2 10
-
0 0
1500 2000 1500 2000
Engine Speed (RPM) Engine Speed (RPM)

@ (b)

Figure 4.26: (a) Location of 50% MFB and (b) Brake thermal efficiency (BTE) for
gasoline and CNG fuelled stoichiometric engine operation at 1500 and 2000 RPM,
12 bar BMEP.
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Figure 4.27: (a) Ignition timing and (b) 0-90% MFB duration for gasoline and CNG
fuelled stoichiometric engine operation at 1500 and 2000 RPM, 12 bar BMEP.
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Chapter 4. Stoichiometric DI CNG and GDI Engine Operation

While the use of retarded SOI with DI CNG has the capability to mitigate the peak
power loss typical in gaseous-fuelled engines when compared with their liquid-fuelled
counterparts, there is a drawback in regards to unburned hydrocarbon emissions.
Higher engine-out UHC emissions are measured with CNG operation in Figure 4.28
(a), which is likely due to greater mixture inhomogeneity with retarded SOI timings.
This is supported by Fig. 4.28 (b), where the advanced SOI at 280 deg bTDC ;.
has lower UHC emissions relative to the retarded SOI at 120 deg bTDCpgy,.. and 9
bar BMEP, 1500 RPM engine operation with CNG.
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Figure 4.28: (a) UHC at 1500 and 2000 RPM, 12 bar BMEP, A = 1 and (b) UHC
as a function of SOI at 1500 RPM, 9 bar BMEP, and A = 1.

4.4 Greenhouse gas emissions with stoichiometric

DI CNG and GDI operation

Figures 4.29 (a) and (b) present the engine-out CO, emissions as a function of
speed and load for both gasoline and CNG fuelled operation, respectively. As
previously mentioned, the higher H/C ratio of CNG over gasoline provides a
significant advantage in CO; emissions reduction when considering only fuel

substitution. Based on the fuel compositions details in Table 2.1 and part (a) of

105



4.4. Greenhouse gas emissions with stoichiometric DI CNG and GDI operation

Eq. 1.1.1, changing fuel from certification gasoline (EE‘Z = 0.824/41.67 MJ /kg =

19.8 gC02/MJ) to ONG (£ = 0.71/46 MJ /kg = 15.4 gCO,/MJ) reduces CO,

by approximately 22% on its own. An additional 1-5% CO, reduction is then
achievable by exploiting the favorable properties of CNG to better optimize engine
fuel efficiency. This reduction would be increased at higher loads due to avoided

knock and fuel enrichment.
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Figure 4.29: Maps of engine-out CO, emissions (g/kWh) for (a) Gasoline and (b)
CNG fuelled engine operation as a function of speed and load at A = 1.

Figure 4.30 shows the total CO, equivalent emissions based on engine-out GWP
emissions for both gasoline and CNG fuelled engine operation. These are obtained
using the COs calculation methodology discussed in Section 3.5. Furthermore,
normalized CQOg. emissions calculated as per Eq. 4.4.1 are also shown in Fig.

4.31.
[CO2¢]cnG

[0026] gasoline
Accounting for GWP of CHy4 and NO,, emissions, an approximate 16-19% engine-out

Normalized C O, = (4.4.1)

COgy, reduction is observed with DI CNG relative to GDI operation. Note that the
calculation of COs, for gasoline includes engine-out CO, and NO, only as most of

the UHC emissions with gasoline fuelling are non-methane compounds [37].
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4.5 Summary

In this chapter, experimental results were presented both for CNG and gasoline
fuelled DI engine operation under stoichiometric conditions. For DI CNG operation,
start of injection (SOI) timing sweeps were first performed at part load conditions,
and it was found that early injection promoting greater mixture homogeneity was
beneficial. Retarded SOI timings performed worse at part loads, irrespective of
volumetric efficiency benefits. An intermediate SOI timing in the range of 240 to
280 deg bTDC gy, therefore provided a balance of sufficient mixing time and engine

de-throttling to realize the highest brake thermal efficiency.

This optimized part load engine performance with DI CNG was compared with the
baseline GDI engine performance. DI CNG operation had lower UHC and CO
emissions compared to those of gasoline, indicating increased combustion efficiency.
It was nonetheless found that the higher compression energy needed during the
compression stroke offsets the reduced pumping losses and higher combustion
efficiency with DI CNG, resulting in similar thermal efficiency at part-load

conditions for both fuels.

It was then demonstrated that CNG fuelled operation with retarded direct injection
can achieve the same peak power relative to GDI operation at low speeds for a given
engine. High load operation also demonstrated the superior knock resistance of
CNG. This resulted in a substantial fuel consumption improvement at higher engine

loads when utilizing DI CNG.

Finally, the total COy equivalent emissions were calculated considering engine-out
GWP emissions, and an approximate 16-19% CO,, reduction was observed with
DI CNG relative to GDI operation due to the fuel substitution and efficiency gain

under stoichiometric condition.
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Chapter 5

Stoichiometric DI CNG and GDI
Engine Operation with Cooled,
External Exhaust Gas

Recirculation

The stoichiometric operation of spark-ignited DI CNG and GDI engines with no
external diluent was discussed in Chapter 4. Despite the benefits demonstrated
when replacing gasoline with CNG, this mode of operation is efficiency-constrained
at low to medium loads due to engine throttling losses [84]. Since the vast majority
of drive cycle time is spent at part load, improvement of engine efficiency at these

conditions has significant ramifications for the overall drive cycle fuel economy.

One method to improve the part load efficiency is to control the engine load in
part with dilution, and therefore reduce throttling, either by excess air or by
external exhaust gas recirculation (EGR)'. With EGR, exhaust gases are extracted
downstream of the turbocharger, cooled through a water-cooled heat exchanger,
and circulated to the intake system upstream of the compressor where the cooled,

external EGR mixes with incoming intake air (Section 3.1.1.2).

This chapter examines the impact of EGR on engine efficiency and emissions with

!Note: EGR refers to externally recirculated exhaust gas, and i-EGR denotes the internal
residual based on valve timing throughout the thesis.
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both CNG and gasoline fuelling at stoichiometric conditions. Combustion analysis
is then used to gain insight into the physics governing the combustion process and
understand the relationship between bulk flame quenching and measured engine-out
UHC emissions when stoichiometric EGR operation is employed. The potential for
greenhouse gas emissions abatement over a range of engine speeds and loads using

stoichiometric CNG with EGR is also investigated.

5.1 Engine control strategy for EGR dilution

As discussed in Section 3.1.1.2 and 3.2.3, dilute operation with EGR is performed
with the fully open wastegate, and the dilution level is varied by opening an EGR
valve, which recirculates a portion of the exhaust gas back into the intake

system.

In the current study, the start of injection (SOI) timing for gasoline fuelled
operation with EGR is maintained at the factory timing of 280 deg bTDCpgj.. As
demonstrated in Chapter 4 with stoichiometric DI CNG operation, mixture
homogeneity is necessary for optimal BTE at part load. All CNG fuelled operation
with EGR dilution are therefore performed with an intermediate SOI timing of 240
deg bTDCpgjr.. MBT ignition timing is then maintained for all EGR levels with
both fuels at part load. The valve timings for EGR operation are maintained at
factory settings obtained from the baseline stoichiometric engine operation for a
given load and speed. A closed-loop lambda control unit integral with the ECU
maintains a stoichiometric air-fuel mixture at all times. The amount of EGR is
based on measured mass flow rates and is calculated as follows [151]:

Myotal — Mair

EGR(%) = %100 (5.1.1)

Miotal

where 14, is the fresh air flow rate measured upstream of the air filter and 1Moz
is the total flow rate combining fresh air and recirculated exhaust gas measured

immediately upstream of the throttle body.
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5.2 Engine performance with EGR

5.2.1 The impact of EGR on engine efficiency and emissions

with CNG and gasoline fuelling

Figure 5.1 shows the brake thermal efficiency and COVygp as a function of EGR
rate both for gasoline and CNG at 2500 RPM and 6 bar BMEP. Around a 0.7%
and 1.6% increase in BTE is observed with the maximum amount of EGR dilution
relative to the baseline condition for CNG and gasoline fuelled engine operation,
respectively. Furthermore, CNG fuelled operation produces lower brake thermal
efficiency compared to gasoline fuelling under similar EGR dilution, with the causes
of these differences are discussed later in this chapter. Fig. 5.1 also shows that, for
both fuels, the combustion variability (i.e., COVypp) is below 5% over the range
of EGR conditions tested. This relatively high COVj;gp limit compared to what
was used in Chapter 4 is employed to probe the engine performance with charge
dilution at the limits. For gasoline, there is an overall lower COVygp relative to

CNG fuelled EGR operation, which can be attributed to the lower burning velocity
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Figure 5.1: BTE and COVjygp for gasoline and CNG fuelled stoichiometric
operation as a function of EGR at 2500 RPM and 6 bar BMEP.
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of CNG in the presence of EGR diluent [119]. This trend is also consistent with

gasoline’s greater BTE improvement when using EGR.

Figure 5.2 shows that NO, emissions decrease while exhaust gas temperatures
(EGTs) increase with increased EGR dilution, as to be expected. Since NO, is
primarily formed in the post flame environment [37], this reduction in engine-out
NO, emissions is likely due to a significant reduction of in-cylinder temperatures
with EGR dilution. For both fuels, an increasing trend of EGTs is also observed
with an increasing EGR rate. This can be attributed to increased heat loss to the
exhaust, likely due to the extended combustion duration into the expansion stroke

with EGR.
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Figure 5.2: Engine-out NO, and EGT for gasoline and CNG fuelled stoichiometric
operation as a function of EGR at 2500 RPM and 6 bar BMEP.

Figure 5.3 shows engine-out CO and UHC emissions as a function of the EGR rate
for CNG and gasoline fuelling at 2500 RPM and 6 bar BMEP. A weakly decreasing
CO emissions trend is observed for both fuels with EGR dilution. For both fuels,
engine-out UHC emissions increase with the increasing EGR rate. These UHC
trends are consistent with the earlier observations of COVyypp results (Fig. 5.1).

The potential causes of both of the trends will be discussed later in this chapter.
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Figure 5.3: Engine-out CO and UHC emissions for gasoline and CNG fuelled
stoichiometric operation as a function of EGR at 2500 RPM and 6 bar BMEP.

5.2.2 Comparison of part load engine operation with CNG

and gasoline fuelling

Figure 5.4 shows the EGR rate, manifold air pressure (MAP), and COV ypp
required to achieve a range of part load conditions for three different engine speeds
with CNG fuelling. Engine operation begins with a MAP close to atmospheric
pressure, which is close to representative WOT without boosting. The load then
decreases with an increasing EGR rate. At a given throttle position, there is an
EGR rate that causes COViygrp >5%. Once this threshold is reached, the
decrease of engine load is thereafter achieved by closing the throttle position from

WOT, resulting in lower MAP.

We now consider the effect of engine speed. Figure 5.5 compares the brake thermal
efficiency of CNG fuelled stoichiometric operation with EGR relative to baseline
gasoline and CNG fuelled stoichiometric operation without external dilution. For
all three engine speeds, an improvement in BTE is observed in the mid load range,
though BTE deteriorates at low load with EGR dilution. As expected, Fig. 5.6

shows that NO, emissions are reduced significantly at part load for all three engine
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Figure 5.4: EGR rate, MAP, and COV;yrp with CNG fuelled stoichiometric
operation over the tested part load range.

speeds with EGR dilution. This is consistent with earlier results, and reasons will
be discussed later in this chapter. The variation of EGTs with load is compared
with the baseline operation in Fig. 5.7. For all three engine speeds, similar EGTs
are observed with CNG fuelling over the part load range irrespective of the level
of EGR dilution. This is consistent with the proposed benefits of the wastegate

opening strategy for external dilution, as described in Section 3.2.3.

Figure 5.8 shows higher UHC emissions with EGR dilution compared to baseline
operation for all three engine speeds over the part load range. This necessitates
a trade off between the maximum EGR limit and effective control of a three-way

catalyst (TWC) for CNG fuelled engine operation, as discussed in Section 2.5.4.
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Figure 5.5: Part load BTE comparison at (a) 1500 RPM, (b) 2000 RPM, and (c) 2500
RPM for stoichiometric CNG fuelled operation with EGR, baseline stoichiometric
gasoline and CNG fuelled operation without EGR.
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Chapter 5. Stoichiometric DI CNG and GDI Operation with External EGR

5.3 Analysis of engine performance with EGR

dilution

5.3.1 In-cylinder ©pressure and temperature during

combustion

Figure 5.9 (a) shows the P-V diagram of representative pressure traces for
stoichiometric DI CNG operation at 2500 RPM and 6 bar BMEP with 0% EGR
and 19% EGR. These two EGR rates span those presented earlier in this chapter.
The intake pressure is higher with 19% EGR, as the engine is less throttled to
compensate for the displacement of fresh air by the recirculated exhaust gas. A
comparison of pumping mean effective pressure (PMEP) calculated using Eq. 5.3.1
is also shown in Fig. 5.9 (b) as a function of EGR for both fuels.

Orve PdV

PMEP = GEV(‘)/—d (5.3.1)

where P is the measured in-cylinder pressure, V is the instantaneous volume, Vj is
the engine displacement volume, 67y ¢ is the crank angle at the intake valve closure,
and Ogyo is the crank angle at the exhaust valve opening. As the EGR dilution
rate increases at a given load and speed, the throttle is opened to match the load,
decreasing pumping losses. For CNG fuelled operation, the displacement of fresh
air by both natural gas and the recirculated exhaust gas necessitates less throttling
relative to gasoline fuelled operation, resulting in lower PMEP with CNG at all
EGR conditions.

Figure 5.10 (a) shows that the simulated in-cylinder burned and unburned gas
temperatures reduce with increasing EGR dilution with CNG. These simulations
were performed using GT-Power, with the methods discussed in Section 3.3.2. This
lower burned gas temperature is consistent with the measurement of lower NO,
emissions with EGR, as observed in Figures 5.2 and 5.6. Furthermore, Fig. 5.10
(b) shows that CNG fuelling results in lower peak in-cylinder temperatures relative
to gasoline fuelling, which is likely the cause of the earlier observations of lower

engine-out NO, and CO emissions when gasoline is substituted with CNG.
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Figure 5.9: (a) Pressure-volume trace comparison on a logarithmic scale for
stoichiometric CNG fuelled engine operation with 0% EGR and 19% EGR, (b)
Pumping mean effective pressure (PMEP) comparison for CNG and gasoline fuelled
operation as a function of EGR at 2500 RPM and 6 bar BMEP.
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Figure 5.10: (a) In-cylinder burned and unburned gas temperature for stoichiometric
CNG fuelling with 0% EGR and 19% EGR, (b) Peak temperature comparison for
CNG and gasoline fuelling as a function of EGR at 2500 RPM and 6 bar BMEP.
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Chapter 5. Stoichiometric DI CNG and GDI Operation with External EGR

5.3.2 Combustion duration

Figure 5.11 presents the MBT ignition timing and 0-90% MFB duration as a function
of EGR at 2500 RPM and 6 bar BMEP for gasoline and CNG fuelled operations.
More ignition advance and longer burn durations are observed with increased EGR
for both fuels, which likely account for some of the observed BTE reduction. This
longer burn duration can be attributed to slower flame speeds due to a reduction of
mixture heating value [163] and lower in-cylinder unburned gas temperatures (Fig.
5.10-a) with EGR addition. As expected, the CNG fuelled operation also requires
more ignition advance and has a longer burn duration compared to gasoline fuelling

due to its lower flame speed.
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Figure 5.11: Ignition timing and 0-90% MFB duration for gasoline and CNG fuelled
stoichiometric engine operation as a function of EGR at 2500 RPM and 6 bar BMEP.

5.3.3 Energy balance and loss analysis

Figures 5.12 (a) and (b) show a comparison of the energy balance and heat loss
distribution, respectively, at 2500 RPM and 6 bar BMEP for DI CNG operation
with 0% EGR and 19% EGR. The in-cylinder wall heat losses, an,cyl decrease
with EGR addition compared to baseline operation due to lower in-cylinder

temperatures (Fig. 5.12-b). Pumping losses given by qump also decrease with

119



5.3. Analysis of engine performance with EGR dilution

EGR dilution, as throttling losses are minimized using the part load EGR strategy.
These two effects are the primary sources for BTE improvement using EGR
dilution. However, as shown from the energy balance in Fig. 5.12 (a), the unburned
fuel energy, Hypp increases with EGR dilution because of flame quenching due to
a reduction in mixture heating value and lower in-cylinder temperatures.
Furthermore, energy lost in the exhaust, Hpon slightly increases with EGR
operation, which is consistent with the higher measured EGTs in Fig. 5.2 and the
longer burns in Fig. 5.11. These are the primary sources of efficiency loss when
using EGR dilution. Therefore, the optimization of part load fuel efficiency with

EGR dilution necessitates the management of two competing effects:

1. efficiency gain through lower in-cylinder wall heat losses and reduced pumping

work;

2. efficiency loss through incomplete combustion and increased sensible enthalpy

in the exhaust.
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Figure 5.12: Comparison of modelled (a) input fuel energy balance and (b) heat
loss distribution at 2500 RPM and 6 bar BMEP for DI CNG operation with 0%
EGR and 19% EGR (obtained using the methodology described in Section 3.3.2
and 3.4.2).
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Chapter 5. Stoichiometric DI CNG and GDI Operation with External EGR

5.4 Understanding UHC emissions trends

The use of EGR was earlier shown to increase engine efficiency for CNG and gasoline
fuelling at part loads. However, an increase in UHC emissions was also observed
with higher rates of EGR. It is hypothesized that the use of EGR dilution leads
to increased flame quenching, which subsequently increases UHC emissions [37].
This phenomenon is investigated through the use of premixed, turbulent combustion
analysis for both gasoline and CNG fuelling using GT-Power simulation. The reader

is referred to Section 3.3.3 for more details of this methodology.

5.4.1 Flame speed

A comparison of the laminar flame speed (S;) and turbulent burning velocity (St)
across representative burns are shown in Fig. 5.13 for 0% EGR and 19% EGR for
CNG fuelling. As expected, S; decreases with the increase of EGR dilution due
to a reduction in heating value per unit mass of the mixture [92, 164] and lower
in-cylinder unburned gas temperatures (Fig. 5.10-a). For a given engine speed and

load, St also decreases with EGR dilution due to Sy, falling. Lower S; and Sy then

9
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Figure 5.13: Comparison of Sy, (cm/s) and Sy (m/s) for CNG fuelled stoichiometric
operation with 0% EGR and 19% EGR at 2500 RPM, 6 bar BMEP.
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5.4. Understanding UHC emissions trends

necessitate an advancement of ignition timing to maintain MBT and therefore a

longer combustion duration, as shown in Fig. 5.11.

A comparison of Sy and S; for gasoline and CNG fuelling is shown in Fig. 5.14
for similar EGR rates at 2500 RPM and 6 bar BMEP. Unlike gasoline, the S; of
natural gas does not increase with temperature rise because of the modelled negative
pressure coefficient (i.e., Si one x P, %! and S, gasotine P, %) that works to
offset the effect of high temperature during combustion [37, 56, 151, 156, 165]. A
slightly higher turbulent burning velocity is also observed with gasoline relative to
CNG under EGR dilution. These trends indicate slower combustion with CNG
fuelling than gasoline with EGR dilution and are consistent with the combustion

duration results for both fuels shown in Fig. 5.11.
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Figure 5.14: Comparison of Sy, (m/s) and Sr (m/s) for gasoline and CNG fuelled
stoichiometric engine operation with EGR at 2500 RPM and 6 bar BMEP.

5.4.2 Turbulent flame quenching and its relationship to

UHC emissions
The effect of turbulence on flame quenching is shown in Fig. 5.15. Here, the ratio
of the turbulent burning velocity to laminar flame speed, —f is plotted against the

ratio of the effective turbulence intensity to laminar flame speed in the ‘Bradley’

diagram. The locus of three representative burns at 2500 RPM and 6 bar BMEP
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Chapter 5. Stoichiometric DI CNG and GDI Operation with External EGR

are shown, along with four specific points in each burn defined by a given MFB.
Substitution of gasoline with CNG with a similar level of EGR, or an increase in
EGR rate, both shift these loci to a higher value of KLe and towards the quenching

region, where K is the Karlovitz stretch factor and Le is the Lewis number.

— = CNG : 2500 RPM, 6 bar, EGR 0%
CNG : 2500 RPM, 6 bar, EGR 19%

P P i Gasoline : 2500 RPM, 6 bar, EGR 21%
; ; ; ; — 77—

| Wrinkled Laminar Disrupted, Partial
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10 12 14 16 18 20
uj

St

Figure 5.15: Loci of combustion events in the Bradley diagram for gasoline and CNG
fuelled engine operation with different amount of EGR dilution at 2500 RPM, 6 bar
BMEP, and A =1 [44, 60, 62]. Highlighted symbols represent combustion event at
the location of 1% MFB (M), 10% MFB (%), 50% MFB (@), and 90% MFB (A).

The effect of engine speed on flame quenching via turbulence is also shown in Fig.
5.16. With the increase of engine speed, Sy remains similar for a given mixture

t

strength, but the turbulent intensity, u’ (and hence u}) increases. This results in

higher %, which again pushes the combustion locus to the right. This suggests
that the flame quenching may offset the benefit of increased turbulence on flame
propagation at higher engine speed with the use of EGR dilution. This may also

explain why the higher EGR dilution is achievable at lower engine speeds (Fig. 5.4).
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Figure 5.16: Engine speed effect: loci of combustion events in the Bradley diagram
for CNG fuelled stoichiometric engine operation at 1500 and 2500 RPM, 6 bar
BMEP, and A = 1 [44, 60, 62]. Highlighted symbols represent combustion event at
the location of 1% MFB (W), 10% MFB (%), 50% MFB (@), and 90% MFB (A).

If this modelling and theory is reasonable, the expected increase in flame quenching
via fuel substitution from gasoline to CNG, increased EGR, and increased engine
speed should be observed in measured data. Measured engine-out UHC emissions
and COVyypp are therefore shown in Fig. 5.17 as a function of KLe at 1% MFB
estimated from the Bradley diagrams (Fig. 5.15 and 5.16). The KLe values here are
chosen at the 1% MFB location because the flame is more susceptible to quenching
at the initial combustion stage [37, 42]. As shown in Fig. 5.17 (a), higher values
of measured UHC and COVyypp occur at higher KLe created by EGR dilution
compared to the baseline condition for both fuels, and this effect is most pronounced
with CNG fuelled operation. Furthermore, Fig. 5.17 (b) shows higher UHC and
COVyep with larger KLe at 2500 RPM compared to 1500 RPM for two dilution

levels, which supports the impact of engine speed on flame quenching as shown
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Chapter 5. Stoichiometric DI CNG and GDI Operation with External EGR

in Fig. 5.16. In both cases, the monotonic increase of UHC emissions and the
COV iy ep, both of which are measured quantities, with the modelled KLe suggests

that flame quenching plays a significant role in determining engine performance.
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Figure 5.17: Unburned hydrocarbon (UHC) emissions and COVypp as a function
of KLe at the 1% MFB location (estimated from the Bradley diagrams) considering
the (a) fuel substitution and EGR dilution effect at 2500 RPM, 6 bar BMEP, A =1
for both fuels, and (b) the engine speed effect at 1500 and 2500 RPM with CNG

fuelling.

5.5 Greenhouse gas emissions with EGR

Figure 5.18 compares engine-out CO, emissions from CNG fuelled operation with
EGR dilution over baseline operation with both CNG and gasoline. Considering
a representative global warming potential of CHy (i.e. GWPcy, = 25 [160]) along
with CO,, engine-out COq, emissions (as per Eq. 3.5.1 in Section 3.5) of CNG
fuelled operation with EGR dilution shown in Fig. 5.19 are not much higher than
the baseline CNG fuelled operation, and are still lower than those with gasoline
fuelling even after considering the high unburned hydrocarbons with EGR. Fig.
5.20 then shows COs. emissions considering the GWP of both CH, and NO, (i.e.,
GWPno, = 10 [161]) along with CO4. COsq. emissions with EGR dilution are now
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Figure 5.18: Part load CO emissions comparison at (a) 1500 RPM, (b) 2000 RPM,
and (c) 2500 RPM on CNG fuelled operation with EGR over the baseline gasoline
and CNG fuelled operation without EGR at stoichiometric conditions.

1500 RPM 2000 RPM
1200 1200
(@) (b)
__ 10001 2 10001 o,
= ., B
= = °. Se..
< =)
3 8001 = 8001 k\. “romeign
& o RS o~ irees [}
8 © S \.:.\.\.
600 600+ TTo= e
400+— s : : : | , 400 +— ! ) | ) ; T
3 4 5 6 7 8 9 3 4 5 6 7 8 9
BMEP (bar) BMEP (bar)
2500 RPM
1200
(c)
1000 =, —e—CNG : with EGR
.é — a— CNG : without EGR
= -+ =+ Gasoline : without EGR
D 80014~ \! Trmecii
9 S~ Treeeell n
o =
8 e g
600+ To——A
400

3 4 5 6 71 8 9
BMEP (bar)
Figure 5.19: Part load COs, emissions comparison considering GWP of CO, and

CHy at (a) 1500 RPM, (b) 2000 RPM, and (c) 2500 RPM on CNG fuelled operation

with EGR over the baseline gasoline and CNG fuelled operation without EGR at
stoichiometric conditions.
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Chapter 5. Stoichiometric DI CNG and GDI Operation with External EGR

lower than the baseline CNG fuelled operation, particularly at mid load.

Furthermore, a conventional TWC can be used with EGR dilute operation as it
maintains stoichiometric conditions, suggesting low tailpipe CO,. emissions may
also be achievable in this case. While the observed range of EGTs studied (Fig.
5.7) are likely sufficient for the oxidation of UHC from gasoline operation, further

study of candidate TWC performance is required to determine the efficacy of TWC
operation on CNG [140].
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Figure 5.20: Part load CO,, emissions comparison considering GWP of CO,, CHy,
and NO, at (a) 1500 RPM, (b) 2000 RPM, and (c) 2500 RPM on CNG fuelled

operation with EGR over the baseline gasoline and CNG fuelled operation without
EGR at stoichiometric conditions.

5.6 Summary

In this chapter, experimental results were presented for both gasoline and CNG
fuelled stoichiometric engine operation with EGR dilution. EGR dilute operation

resulted in an improvement in BTE relative to 0% EGR operation for both fuels. At
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5.6. Summary

a similar EGR rate, gasoline fuelled operation demonstrated higher brake thermal
efficiency compared to CNG fuelling due to its faster combustion. The performance
of CNG fuelled operation with EGR was also examined over a range of engine
speeds and loads, and compared with the baseline operation with both fuels. DI
CNG operation with EGR dilution exhibited overall higher BTE relative to baseline
operation except at lower loads. This fuel economy improvement with EGR dilution
was primarily attributed to the impact of reduced in-cylinder wall heat transfer and
lower pumping work, which was dominant over the detrimental effect of energy lost

in the exhaust.

For all three tested engine speeds, significantly lower NO, emissions were observed
with EGR dilution over the range of engine loads, and this was likely due to the

reduction in in-cylinder temperatures.

To further investigate the observed UHC emissions trends, premixed turbulent
combustion simulations were performed for both fuels. The resulting laminar and
turbulent burning velocities fell with increasing EGR dilution, which was
consistent with the longer combustion durations observed with EGR operation.
Furthermore, the lower flame speed of CNG compared to gasoline under EGR
dilution suggested that the effect of EGR dilution on the combustion was also fuel
dependent. These results were then examined using the Bradley diagram, where
lines of the product of the Karlovitz and Lewis numbers (KLe) indicate the
susceptibility of turbulent premixed flames to quenching. Of note was the
monotonic increase of engine-out UHC emissions and the COV;gp, both of which
are measured quantities, with the modelled KLe at 1% mass fraction burned.
These results appeared to accommodate variations in the fuel and the engine
speed, and therefore suggest that flame quenching plays a role in determining

engine performance.

Finally, EGR operation also demonstrated a slightly improved engine-out greenhouse
gas emissions potential relative to baseline CNG operation over a range of part load
conditions. It therefore appears that stoichiometric CNG fuelled operation with
EGR dilution may be a viable strategy to improve fuel efficiency and mitigate carbon

emissions in light-duty vehicles.
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Chapter 6

DI CNG and GDI Lean Engine
Operation and a Comparison

between CNG Dilution

Strategies

This chapter investigates the impact of lean-burn by air dilution on fuel economy and
engine-out emissions, particularly NO, in the presence of an oxygen-rich combustion
environment, over the range of load and speed conditions mentioned in Table 3.6.
Both EGR (as discussed in Chapter 5) and air dilution strategies have the potential
for fuel economy improvement; however, the differing compositions of excess air and
EGR suggest that each type of dilution will have different effects on the combustion

process, which is also examined in detail.

To begin, lean-burn engine experiments are performed using the same fully open
wastegate strategy adopted for EGR dilution in Chapter 5. The start of fuel injection
(SOI) timing for gasoline fuelled engine operation with air dilution is maintained
at the factory timing of 280 deg bTDCpg;... All DI CNG operation with excess
air dilution are performed with an intermediate SOI of 240 deg bTDCpgj... This
intermediate injection timing results in sufficient mixture homogeneity (Chapter
4) for optimal BTE at part load, irrespective of air dilution level. The reader is

referred to Appendix B.2 for additional experimental details regarding this point.
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6.1. Engine performance

MBT ignition timing is then maintained for all operating points with both fuels at
part load. The valve timings for lean-burn operation are maintained at the factory
settings obtained from the baseline stoichiometric engine operation at the same load

and speed.

The amount of air dilution is quantified by the normalised air-fuel ratio A,

mair /mfuel ) actual

N
AFRStoich

(6.0.1)

where 74, and 1y, are the measured flow rate of air and fuel, respectively.
AFRgpie 18 the stoichiometric air-fuel ratio. As a method to facilitate the
comparison between dilution strategies, a modified form of the normalised air-fuel

ratio A" is also introduced. This term is defined as [166]:

mair + mTRG)/mfuel o A [1 + RGF ] - A (
(mair/mfuel)Stoich B 1-— RGF /\ ( mair ) - 1-— RGF

M fuel Stoich

v

6.0.2)

where 14, Ty and mrpe are the mass flow of air, fuel and total residuals
respectively, A is the measured normalised air-fuel ratio, and RGF is the total
residual gas fraction, including both internal residual (i-EGR) and exhaust gas
recirculation (EGR). Note that the i-EGR primarily depends on the intake
pressure, valve timing, and engine speed [37]. The final approximation in Eq. 6.0.2

is commonly used [166] as the term RGF/[\ (1gir/1 fuel) is generally

—1
Stoich}

small.

6.1 Engine performance

6.1.1 Comparing DI CNG with air dilution and
stoichiometric EGR

Figure 6.1 shows the brake thermal efficiency as a function of A’ with CNG fuelling
at 2500 RPM, 6 bar BMEP for each dilution strategy. The engine always has
some internal residual, so A’ is never equal to unity. The values of A\ and EGR

rate corresponding to the calculated ) are also presented in Fig. 6.1 using two
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Figure 6.1: BTE and COVyygp for CNG fuelled operation with EGR and air
dilution at 2500 RPM and 6 bar BMEP.

abscissas. At these tested conditions, a linear relationship is observed between )\
and dilution levels primarily because of the monotonic increase of both A and EGR
rate. Furthermore, the impact of i-EGR on ) is very similar for different external
dilution levels as the amount of i-EGR is nearly constant over these tested conditions
at 2500 RPM and 6 bar BMEP. As shown in Fig. 6.1, thermal efficiency increases
with the increase of X for both lean and EGR dilution. At their highest levels
of dilution, lean operation demonstrates about a 2.6% increase in BTE relative to
stoichiometric operation, whereas only a 0.7% increase in BTE is observed with
EGR dilution. Figure 6.1 also shows a lower COVy/gp with lean operation relative
to EGR dilution. The presence of excess oxygen with lean operation likely promotes

combustion, resulting in a lower COVy,gp until the lean limit.

Figure 6.2 shows NO,, emissions as a function of X" for both forms of dilution. With
air dilution, NO, emissions peak at around A = 1.1 and then start to decrease. At
similar X’ for both dilution strategies, EGR operation demonstrates a significantly
lower NO, emissions compared to lean operation. These different NO, trends are

clearly tied to the dilution strategies. Air dilution always has excess oxygen in-
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Figure 6.2: Engine-out UHC and NO, emissions for CNG fuelled operation with
EGR and air dilution at 2500 RPM and 6 bar BMEP.

cylinder, so the composition of the chamber is more favourable for NO, formation
than that of stoichiometric EGR dilution, where the overall oxygen concentration is
reduced. Also, EGR dilution leads to lower in-cylinder temperatures, as shown later
in this chapter, which is less favourable for NO, production [84, 167, 168]. Figure
6.2 also shows that UHC emissions tend to increase with increased dilution, and
lean-burn operation has lower UHC emissions than the EGR dilution. This trend is
also consistent with the observed COVypp for both dilution strategies (Fig. 6.1).

The potential causes of this trend will be discussed later in this chapter.

Engine-out CO emissions are shown in Fig. 6.3 as a function of A’ for both lean and
EGR dilute operation. Air dilution demonstrates significantly lower CO emissions
than those from baseline operation as the presence of excess oxygen with higher
A promotes the oxidation of CO [37]. On the other hand, a small decrease in
CO emissions is observed with increasing EGR dilution levels relative to baseline

operation. The lower UHC and CO emissions suggest that the combustion efficiency
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Figure 6.3: Engine-out CO and CO emissions for CNG fuelled operation with EGR
and air dilution at 2500 RPM and 6 bar BMEP.

of the engine is higher with lean-burn than with equivalent levels of EGR dilution.
This also accounts for some of the BTE increase with the lean operation (Fig. 6.1).
Fig. 6.3 also shows that CO, emissions decrease with the increase of X' for both

dilution strategies as the fuel efficiency increases with the increase of dilution level

(Fig. 6.2).

6.1.2 Comparing DI CNG and GDI with air dilution

Figure 6.4 shows the COVygp and brake thermal efficiency as a function of A for
both gasoline and CNG at 2500 RPM and 6 bar BMEP. The COV ygp < 5% is
always observed for both fuels. However, engine operation with gasoline fuelling is
limited to A = 1.3 as higher combustion instability with COVygp > 5% is observed
with a further increase of A\. At this operating condition, DI CNG operation is

limited to a peak of A = 1.4 where the engine can maintain the tested load.

The peak BTE with gasoline fuelled operation is 32% with A in the range of 1.2 to
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Figure 6.4: COVygp and BTE for gasoline and CNG fuelled operation as a function
of X at 2500 RPM and 6 bar BMEP.

1.3. Further increase in A results in lower BTE and higher COVygp. CNG fuelled
operation demonstrates a peak BTE slightly above 32% as the wider flammability
limit of CNG is exploited to run as lean as A = 1.4.

Figure 6.5 shows the NO, emissions for gasoline and CNG fuelled operation under
lean conditions. As expected, peak NO, occurs at slightly lean conditions for both
fuels, and overall lower NO, is observed with CNG fuelling. Engine-out UHC
emissions, as shown in Fig. 6.5, increase with the increased A, and similar
emissions are measured for both fuels over the A range. Furthermore, lean
operation with both fuels again demonstrates significantly lower CO emissions
than those at stoichiometric baseline operation due to higher CO oxidation in the

presence of excess Os.

6.1.3 Comparing part load DI CNG with air dilution and
stoichiometric EGR

Figure 6.6 shows the A and manifold air pressure (MAP) required to achieve a
range of part load conditions for three different engine speeds with lean-burn CNG

fuelling. Engine operation is close to stoichiometric at WOT and with the MAP
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Figure 6.5: Emissions: UHC (top), CO (middle), and NO, (bottom) for gasoline
and CNG fuelled engine operation as a function of A at 2500 RPM and 6 bar BMEP.

close to atmospheric pressure, and the load then decreases with the increase of \.
Also shown in Fig. 6.6, COV,gp increases with the increase of A, and the maximum
A is limited to the range of 1.5 - 1.6 otherwise the COVypp starts to exceed 5%
limit. Therefore, some loads can only be achieved with intake throttling, resulting

in a lower MAP.

Across the three engine speeds, the maximum air dilution tolerance is observed at
1500 RPM with A = 1.6. This is discussed later in this chapter and can be attributed
to a lower intensity of flame quenching at lower engine speed due to the reduced
turbulence. Furthermore, the use of air dilution allows for a broader range of load
control without throttling relative to EGR dilution (Fig. 5.4). This is due to the

presence of excess oxygen with the lean operation, which likely helps to maintain
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Figure 6.6: A\, MAP, and COV;gp for CNG fuelled operation with air dilution over
the tested part load range.

mixture reactivity and therefore allows more air dilution at WOT before reaching

the combustion stability limit.

Figure 6.7 shows the brake thermal efficiency with lean operation compared to the
other two operating modes with CNG fuelling over the range of tested part load
conditions. For lean operation, significant improvements in BTE are observed over
EGR dilute operation at each part load condition across all three engine

speeds.

Figure 6.8 shows the NO, emissions of lean operation compared to the other two
operating modes with CNG fuelling. At all three engine speeds, EGR operation
demonstrates lower NO, emissions than the baseline stoichiometric case at all the
part load conditions. As expected (e.g. [37]), lean operation results in peak NO,
emissions at A\ = 1.1. With a further increase of A\, NO, emissions decrease, most
likely due to the dominating effect of lower in-cylinder temperature [167]. It is also
noted that lean operation starts to demonstrate NO, emissions similar to those with
EGR dilution at 6 bar BMEP operating points with A = 1.4 ~ 1.5 for all three engine
speeds. As engine load is decreased, the amount of dilution required to control the

load is significantly higher when utilizing lean-burn as opposed to stoichiometric
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Figure 6.7: Part load BTE comparison at (a) 1500 RPM, (b) 2000 RPM, and (c)
2500 RPM for CNG fuelled operation with stoichiometric, lean, and EGR dilution.

operation with EGR, as shown in Fig. 6.9 with the calculated \’. Note that the
external dilution levels are not monotonically changing over the tested loads (for
e.g., 17% EGR at 7 bar, 9% EGR at 5 bar, and 16% EGR at 3 bar BMEP) as the
test procedure is different from what is done in Section 6.1.1, resulting in a non-
linear relationship between A" and dilution levels (i.e., A and EGR rate) in Fig. 6.9
as opposed to the relationship observed in Fig. 6.1. This higher A should result in
lower peak in-cylinder temperature with lean operation relative to EGR dilution at
lower loads. It is likely because of this lower peak in-cylinder temperature due to
higher diluent concentration that an air dilution strategy is able to achieve similar

NO, to that of EGR dilution despite the presence of extra Os.

Figure 6.10 shows the variation of the measured exhaust gas temperature (EGT)
with load for all three engine operating modes. Both baseline stoichiometric and

EGR operation demonstrate similar EGTs at all three engine speeds. With air
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dilution, the EGTs are similar to other modes at higher loads but drop significantly
at lower loads. This can be attributed to the lower in-cylinder temperatures with air
dilution at a given low load compared to that of EGR dilution due to higher diluent
concentration (Fig. 6.9) and is consistent with the NO,, results measured with lean

operation at lower loads (Fig. 6.8).
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Figure 6.10: Part load EGT comparison at (a) 1500 RPM, (b) 2000 RPM, and (c)
2500 RPM for CNG fuelled operation with stoichiometric, lean, and EGR dilution.

Figure 6.11 shows the comparison of engine-out UHC emissions for the three different
engine operating modes over the range of tested part load conditions. EGR operation
has higher UHC emissions relative to baseline stoichiometric operation. For lean
operation, lower UHC emissions are observed relative to EGR dilution above 6
bar BMEP, likely due to the oxygen-rich environment, and UHC emissions increase
below 6 bar BMEP. Below 6 bar BMEP, lower in-cylinder temperatures due to higher
dilution concentrations (i.e., larger \’) with lean operation likely increase the flame

quenching and thus UHC emissions.

This behavior demonstrates a trade-off for lean-burn CNG engine operation. The

use of air dilution to increase fuel efficiency must accommodate increasing UHC
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Figure 6.11: Part load UHC emissions comparison at (a) 1500 RPM, (b) 2000 RPM,
and (c) 2500 RPM for CNG fuelled operation with stoichiometric, lean, and EGR
dilution.

emissions and combustion instability when the lean limit is approached. An increase
in methane emissions will negate the CO, reduction benefit from the use of higher
engine efficiency, since methane is also a greenhouse gas. Such effects are considered

later in this chapter.

6.2 Analysis of engine performance with air
dilution

This section analyses the engine performance demonstrated earlier in this Chapter.
A combination of measurement, theory, and the GT Power modelling discussed
in Section 3.3.2 are used. This work intends to provide insights into the physical

mechanisms by which dilution impacts engine performance.
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6.2.1 In-cylinder pressure and combustion duration

Figure 6.12 (a) shows the P-V diagram of representative pressure traces for CNG
fuelled operation with stoichiometric, lean, and EGR dilution at 2500 RPM and 6
bar BMEP. The intake pressure increases for both lean and EGR dilution relative to
baseline stoichiometric condition as the engine is less throttled to allow the excess
air for lean-burn operation and to compensate for the displaced air by exhaust gas
for EGR dilution. Both dilution strategies employ similar throttle positions at this
load, and therefore the pumping losses are similar (Fig. 6.12-b).
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Figure 6.12: Comparison of (a) pressure-volume trace on a logarithmic scale and
(b) pumping mean effective pressure (PMEP) for CNG fuelled operation with
stoichiometric, lean, and EGR dilution at 2500 RPM, 6 bar BMEP.

Figure 6.13 shows the 0-10% and 10-90% MFB durations obtained using GT-Power
as a function of X’ for both lean and EGR dilute operation. Ignition and subsequent
flame kernel development at the initial combustion stage depend on the laminar
flame speed [37]. With the lean operation, the presence of excess oxygen is more
conducive to a higher laminar flame speed than that of stoichiometric CNG with
EGR with a similar dilution level. This key difference between the two dilution
strategies manifests itself in the 0-10% MFB burns. The 10-90% MFB duration
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Figure 6.13: 0-10% and 10-90% MFB durations obtained using GT-Power for CNG
fuelled operation with EGR and air dilution at 2500 RPM and 6 bar BMEP.

increases for both dilution strategies as A’ increases, which again arises from slower
flame speeds due to reduction in mixture reactivity, and this effect is more significant

with EGR dilution.

Longer burns are generally detrimental to fuel economy for several reasons, and
this acts to negate some of the efficiency benefits gained by dilution and reduced
pumping losses. A longer combustion duration also increases the cyclic variability
as the variations in pressure arise from the combined effect of combustion variation
and volume change [37]. The increased burn durations are consistent with the higher

COVyep results shown in Fig. 6.1 for dilute conditions.

6.2.2 Energy balance and loss analysis

Figures 6.14 shows a comparison of input fuel energy balance and heat loss
distribution, respectively, at 2500 RPM and 6 bar BMEP for stoichiometric, EGR,
and lean operation with CNG fuelling. The results for lean and EGR operation
correspond to very similar X (i.e., Ngop = 1.31 and N}, = 1.36). As shown in

Lean

Fig. 6.14 (a), while lean operation reduces the unburned fuel energy, Hypp in the
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Figure 6.14: (a) Input fuel energy balance and (b) Heat loss analysis for CNG fuelled
operation with stoichiometric, lean, and EGR dilution at 2500 RPM, 6 bar BMEP
(obtained using the methodology described in Section 3.3.2 and 3.4.2).

exhaust, a larger Hypp is observed with EGR dilute operation due to higher UHC
and CO than air dilution at the same \. Furthermore, energy lost in the exhaust
(i.e., Hg.n + Qmisc) is increased with EGR dilution due to its longer combustion
duration. Note that the blowdown heat losses with lean operation are also
expected to be higher than baseline stoichiometric operation due to a longer
combustion duration, and a significant portion of these losses are expected to
occur from surfaces outside the combustion chamber, particularly from the exhaust
manifold. Figure 6.14 (b) shows that the in-cylinder wall heat losses, Q In—Cyl are
lower for both dilution strategies, particularly with EGR operation, relative to
baseline stoichiometric condition due to lower in-cylinder temperatures as shown in
Fig. 6.15. In addition, pumping losses, Q pumyp are also reduced from 0.4% to 0.1%

with both dilution strategies due to less throttled engine operation.

These results suggest that optimizing fuel efficiency with dilution requires a balance
between the positive impact of lower in-cylinder heat losses and less pumping work,
and the negative impact of incomplete combustion and longer burn durations [91,
169]. Using the operating point at 2500 RPM and 6 bar BMEP as a representative
example of part-load operation, it is evident that the use of dilution with CNG
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Figure 6.15: Comparison of simulated T p.. for CNG fuelled operation with EGR
and air dilution at 2500 RPM and 6 bar BMEP.

improves fuel efficiency over stoichiometric operation due to lower in-cylinder heat

losses and decreased pumping work.

6.3 Impact of dilution on combustion and UHC
emissions

Lean operation with CNG fuelling can improve fuel economy with increasing .
However, this benefit must be balanced against the concurrent increase in emissions,
as these can negate the environmental benefit of lean-burn operation. Therefore, it is
necessary to gain insight into the interplay between air dilution and UHC emissions

to determine an optimal A for CNG fuelled lean-burn engine operation.

As with EGR dilution, it is hypothesized that a reduction of in-cylinder
temperature or mixture reactivity from increased air dilution leads to increased
flame quenching and is, therefore, directly related to increased UHC formation.

Premixed, turbulent combustion simulations of air dilute engine operation with
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CNG fuelling are therefore performed using the GT-Power predictive combustion
methodology, as described in Section 3.3.3. The results of the simulation are then
compared with those using EGR dilution. Finally, the results are further
generalized by including simulations of gasoline engine operation both with and

without external dilution.

6.3.1 Flame speed variation with dilution strategy

Figure 6.16 shows a comparison of the laminar flame speed (Sp) and turbulent
burning velocity (St) with CNG fuelled operation for stoichiometric, EGR, and lean
dilution at 2500 RPM and 6 bar BMEP, where the diluted cases have similar \'. As
shown, baseline stoichiometric operation without any external diluent demonstrates
a higher Sy, than the dilute cases. At a similar X', lean operation exhibits a higher
Sy, relative to EGR dilution as excess oxygen increases the heating value per unit
mass of the mixture, resulting in increased flame temperatures and consequently
higher flame speed [37, 92]. Furthermore, lean operation demonstrates a higher Sy
compared to EGR dilution as Sy, is higher for lean burns. These flame speed trends

are consistent with the combustion duration results shown in Fig. 6.13.
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Figure 6.16: Comparison of laminar flame speed, Sy, (cm/s) and turbulent burning
velocity, Sy (m/s) for CNG fuelled engine operation with stoichiometric, lean, and

EGR dilution at 2500 RPM, 6 bar BMEP.
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6.3.2 Correlating flame quenching with UHC emissions

The effect of turbulence on flame quenching is now examined in Fig. 6.17. As in
Chapter 5, the ratio of the turbulent burning velocity to the laminar flame speed
(g—f) is plotted against the ratio of the effective turbulence intensity to the laminar
flame speed (%) in the ‘Bradley’ diagram. The locus of stoichiometric, EGR and
lean burns at 2500 RPM and 6 bar BMEP are shown, along with four specific
points in each burn defined by a given MFB. The loci of combustion with dilution
are moved to higher values of KLe, and towards the quenching region relative to
stoichiometric CNG combustion without dilution [159]. For lean operation, the loci
of combustion are located at lower values of KLe compared to those with EGR
dilution due to the higher S; at a similar \'. This suggests, at a given )\, that less

flame quenching occurs with lean operation as opposed to stoichiometric fuel and

air with EGR. This phenomenon explains the earlier trends in the COVygp in Fig.
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Figure 6.17: Loci of combustion events in the Bradley diagram for CNG fuelled
operation with stoichiometric, lean, and EGR dilution at 2500 RPM, 6 bar BMEP
[38, 60-62]. Highlighted symbols represent combustion event at the location of 1%
MFB (W), 10% MFB (%), 50% MFB (@), and 90% MFB (A).
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6.1 and UHC emissions in Fig. 6.2, as lean-burn operation, which experiences less
bulk flame quenching than that of EGR operation, has a lower COVygpp and less

UHC emissions over the range of tested ).

The mechanism for UHC formation in SI engines occurs when the flame is quenched
before reaching the last pocket of the unburned fuel. This is typically limited to
quenching at the crevice volume [37, 42]. Therefore, bulk quenching of the flame
should be correlated with UHC emissions because this represents a case where the
flame is quenched earlier, resulting in more UHC emissions. This is illustrated in
Fig. 6.18, which shows the measured UHC and COVygp plotted against KLe at
the points of 1% MFB on the Bradley diagram in Fig. 6.17. The 1% MFB locus is
used because the effect of flame quenching is more significant at the early stage of
flame development than it is at the later stages when the flame is more established

[42, 47, 170]. Fig. 6.18 suggests a relationship between KLe and the measured UHC

emissions.
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Figure 6.18: UHC emissions and COV;ygp as a function of KLe at 1% MFB for
CNG fuelling with stoichiometric, lean, and EGR dilution at 2500 RPM and 6 bar
BMEP.

This correlation is expanded upon Fig. 6.19 and Fig. 6.20 using measured UHC

emissions from all tested load conditions at two engine speeds of 2000 and 2500
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Figure 6.19: Relation between measured UHC and KLe at various MFB locations
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RPM, respectively. The estimated KLe at various MFB locations, again obtained
from the Bradley diagram, for stoichiometric, lean, and EGR dilute operation with
CNG and gasoline fuelling are also shown. As seen in the figures, the strongest
correlation (i.e., largest R?) occurs when using the KLe at the 1% MFB point,
which is consistent with the view that the most significant impact of turbulent

flame quenching occurs during the establishment of the flame.

6.4 Greenhouse gas emissions with air
dilution

It has been demonstrated that DI CNG has the potential to mitigate CO4 emissions
relative to gasoline fuelled operation, and the use of dilution allows for further
reduction in GHG emissions. However, the efficiency and CO, reduction benefits of
each dilution strategy must be balanced against methane and NO, emissions from
CNG combustion, since these emissions also have a global warming potential, as
discussed in Section 3.5. Therefore, Fig. 6.21 compares CO, emissions from CNG
fuelled operation with stoichiometric, lean, and EGR dilution at part load. Lean
operation demonstrates a significant reduction in CO, emissions relative to EGR
dilution over these part load conditions. This occurs because of the higher BTE

with lean operation than the other two operating modes (Fig. 6.7).

Considering the GWP of CHy along with CO,, the engine-out CO,. emissions of
lean-burn CNG fuelled operation shown in Fig. 6.22 are very similar to the baseline
stoichiometric operation at part load and all three engine speeds. Fig. 6.23 then
shows COs, emissions considering the GWP of both CH4 and NO, (i.e., NO and
NO,) along with CO,. Engine-out COy, emissions with air dilution are now lower

below 6 bar BMEP but increase at higher loads.

Together, these results demonstrate that the choice of combustion strategy and the
accompanying after-treatment system will have a significant impact on COq
emissions of CNG DI engines. In particular, should an oxidation catalyst and
selective catalytic reduction (SCR) work well with the air dilution strategy and

associated lower exhaust temperatures, this approach offers significant COg,
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Figure 6.21: Part load COy comparison at (a) 1500 RPM, (b) 2000 RPM, and (c)
2500 RPM for CNG fuelled operation with stoichiometric, lean, and EGR dilution.
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Figure 6.23: Part load CO,. comparison considering GWP of CO,, CH4 and NO,, at
(a) 1500 RPM, (b) 2000 RPM, and (c) 2500 RPM for CNG fuelled operation with
stoichiometric, lean, and EGR dilution.

benefits over the other two. However, should this not be the case, use of a
three-way catalyst with stoichiometric combustion or EGR may be superior. Such
considerations are outside the scope of this work but need careful consideration in

order to determine which combustion strategy is superior.

6.5 Summary

In this chapter, experimental results were presented for both CNG and gasoline
fuelled operation with air dilution. The impact of excess air dilution on engine
performance was first examined and compared with dilute operation with EGR at
similar speed and load. For equivalent levels of dilution, lean operation demonstrated
higher BTE than dilution with EGR. The presence of excess oxygen with air dilution
also facilitated the reduction of both CO and UHC emissions, but promoted higher

NO, than an equivalent operation with EGR dilution.
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6.5. Summary

The performance of CNG fuelled engine operation with air dilution was then
examined at part load, and the fuel efficiency and emission outputs were compared
with the baseline stoichiometric and EGR dilute operation. A significant BTE
improvement was observed with lean operation relative to EGR dilution over the
tested engine speeds and loads. For lean operation, lower UHC and higher NO,
were also observed relative to EGR dilution above 6 bar BMEP, and these trends
were reversed below 6 bar BMEP. This switching in emission trends was a
consequence of the load sweep strategy in this study. Because the charge dilution
was used to control load through the sweep to minimize throttling, different
quantities of charge dilution were required for a given load when using air dilution

or EGR.

Premixed, turbulent combustion simulations were then performed for tested cases
with air dilution, and results were compared with results from stoichiometric and
EGR dilution. At similar dilution levels, the lean operation had a higher flame speed
than that with stoichiometric EGR operation due to improved mixture heating value
in the presence of excess oxygen. The Bradley diagram was then again utilised
to determine if a correlation existed between measured UHC emissions and the
severity of turbulent flame quenching. It was shown that UHC emissions and the
KLe at the 1% MFB point were again correlated for all fuels and charge dilution
strategies, further supporting the hypothesis that charge dilution promoted bulk
flame quenching and thus an increase of UHC emissions. This appeared to be true

of both gasoline or CNG fuelling, and with both air and EGR charge dilution.

Finally, CNG fuelled operation with air dilution demonstrated a significant
reduction in CO5 emissions compared to stoichiometric and EGR dilute operation.
However, lean-burn CO,. emissions, which account for the global warming
potential of methane and NO,, were not as favourable. This is because lean
operation was shown to suffer from high NO, emissions near stoichiometry and
significant UHC emissions as the lean limit was approached at low loads. Careful
consideration of the after-treatment system is therefore required before the best

combustion strategy can be determined.
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Chapter 7

Advanced Engine Operating
Strategies with DI CNG

Chapter 6 showed that DI CNG with air dilution demonstrated a significant fuel
economy improvement relative to other operating modes at part load. Despite this,
increased NO, and UHC emissions in certain parts of the load range increased the
total CO, equivalent emissions significantly above the engine-out COy emissions.
For example, at higher loads approaching stoichiometric, the increase in NO,
emissions caused the engine-out CO,, to be higher than stoichiometric operation.
Chapter 5 also showed that UHC emissions were an issue when using EGR at low
loads. Therefore, this chapter investigates the impact of internal residual gases,
multiple fuel injections per cycle and the combined use of air and recirculated
exhaust gas dilution to explore further the relationship between BTE and

engine-out emissions.

7.1 Impact of internal residuals on DI CNG
combustion

One approach to address high engine-out UHC emissions is to elevate the in-cylinder
temperature and thereby encourage fuel oxidation via several mechanisms. The
utilization of hot internal residual (i-EGR) is one means of achieving this [171]. The

proportion of i-EGR is defined as the ratio of the mass remaining in-cylinder from
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7.1. Impact of internal residuals on DI CNG combustion

the previous cycle to the total ‘trapped mass’ at the intake valve closure (IVC).
It depends on several factors, such as the valve timing, the engine speed, and the

pressure differential during gas exchange [37].

In this chapter, the amount of i-EGR is controlled by varying the valve overlap using
the variable camshaft actuation system. The influence of i-EGR on combustion is

examined for two different valve phasing strategies:
(a) intake valve advance for a fixed exhaust valve timing;

(b) exhaust valve retard at the intake valve timing that demonstrates the best

performance.

The absolute valve timing of the intake valve advance and exhaust valve retard tests

are presented in Table 7.1 and Fig.7.1.

Table 7.1: Valve timings for the intake valve advance and exhaust valve retard tests

Test mode IVO (aTDCpye) EVC (aTDCpgye) Overlap (deg)
1. 20 deg intake valve advance 335 384 49
2. 30 deg intake valve advance 325 384 59
3. 40 deg intake valve advance 315 384 69
4. 10 deg exhaust valve retard 335 394 59
5. 20 deg exhaust valve retard 335 404 69
6. 30 deg exhaust valve retard 335 414 79

7.1.1 Effect of intake valve advance

Figure 7.2 shows the calculated amount of i-EGR and the gas temperature at BDC
(Tppc) as a function of intake valve advance at 2000 RPM, 3 and 5 bar BMEP,
and A = 1.4. These quantities are determined using GT-Power simulations of the
calibrated, full engine model, as described in Section 3.3.2. As expected, the amount

of i-EGR increases for both loads with intake valve advance. At part load with
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2000 RPM, 3 and 5 bar BMEP, A = 1.4 and valve timing as per Table 7.1.
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7.1. Impact of internal residuals on DI CNG combustion

intake valve advance and no boost, more exhaust gas flows back into the intake
manifold through the intake valve and fills the cylinder in the subsequent intake
stroke, resulting in higher internal residual gases [172]. The increased i-EGR with
intake valve advance is also consistent with the increased Tpgpc results for both

loads.

Figure 7.3 shows the measured UHC emissions and BTE as a function of i-EGR
via the intake valve advance. As shown, UHC emissions increase with intake valve
advance despite the higher in-cylinder Tgpe. This is likely due to the adverse impact
of additional inert species on the flame speed and post combustion temperature,
resulting in higher UHC emissions [173]. Furthermore, there is no significant change

in BTE with this variation of i-EGR.
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Figure 7.3: Effect of intake valve advance on measured UHC and BTE at 2000 RPM,
3 and 5 bar BMEP, A = 1.4 and valve timing as per Table 7.1

The energy balance approach, as described in Section 3.4.2, is used to further analyse
these trends. Figures 7.4 (a) and (b) compare the input fuel energy balance and
heat loss distribution, respectively, for the extreme intake valve advances shown in
Table 7.1 at 2000 RPM and 3 bar BMEP. With 40 deg intake valve advance, the
benefits of reduced pumping losses, Q pump and lower heat transfer rates, Q In—Cyl
with increased internal dilution are offset by higher combustion inefficiency (i.e.,

higher HUBF) and higher energy lost in the exhaust (i.e., H Exzh + Qmisc) due to
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longer burn durations (Fig.7.5). The overall result is a BTE similar to the reference

intake valve advance of 20 deg, as shown in Fig. 7.3.
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Figure 7.4: Comparison of (a) input fuel energy balance and (b) heat loss distribution
at 2000 RPM and 3 bar BMEP for CNG fuelled operation with valve timing as per
Table 7.1.
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bar BMEP with valve timing as per Table 7.1.
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7.1. Impact of internal residuals on DI CNG combustion

7.1.2 Effect of exhaust valve retard

The effect of exhaust valve retard on UHC emissions is now examined with a fixed 20
deg intake valve advance as this timing demonstrated the minimum UHC emissions
among the tested intake valve timings. The details of these tests are presented in
Table 7.1. Figure 7.6 shows the UHC emissions and BTE as a function of exhaust
valve retard for fixed 20 deg intake valve advance phasing. Over this range of
exhaust valve retard, both UHC and BTE again demonstrate insignificant variation,
though a slight increase in UHC emissions is observed at the most retarded exhaust

position.

Overall, both intake valve advance and exhaust valve retard suggest that the higher
internal residuals are not effective in reducing UHC emissions and increasing BTE

at these particular engine operating conditions.
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Figure 7.6: Effect of exhaust valve retard on UHC and BTE at 2000 RPM, 3 and 5
bar BMEP, A\ = 1.4 with valve timing as per Table 7.1.
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7.2 Impact of multiple injection strategies on
engine performance

A dual injection strategy is a possible method to counter UHC emissions. With
this strategy, the start of primary injection is placed in the intake stroke to create
a more homogeneous mixture, and a secondary small injection takes place closer to
the ignition timing to encourage more stable combustion with low UHC emissions.
Such an approach has been shown by others to improve DI CNG engine performance
in some cases [80, 129]. In this work, both the timing of the secondary fuel pulse
and the split of mass between the two pulses are considered, and their impact on
engine performance is analyzed. Note that this multiple injection strategy with CNG

fuelling is only possible in the DI CNG engine, not with the CNG PFI system.

The secondary injection timing and different fuel mass splitting percentage (FSP)
strategies are investigated for both stoichiometric and lean operating conditions.
The FSP metric defines the fuel mass percentage of the primary and secondary
injections; for example, FSP 60/40 means 60% of total fuel mass is injected during
the primary injection and the remaining 40% is in the secondary injection. The
minimum percentage of injected fuel mass in either injection is controlled by the
dynamics of the injector, which sets the minimum injector opening time, and the
engine operating condition, which sets the injection duration. As such, variations in
FSP will be hardest to achieve at part load and low engine speeds with any form of
dilution. Using the current injector, approximately 40% of the total charge could be
injected in either the primary or secondary injection at the studied engine operating

conditions.

7.2.1 Effect of secondary injection timing

This section examines how the start of secondary injection (SOI2) timing for a fixed
FSP and start of primary injection (SOI1) timing impact engine performance. As
shown in Fig. 7.7, the position of SOI2 is varied from the later part of the intake
stroke through the compression stroke and approaching the ignition point. The most

retarded position of SOI2 is limited to 90 deg bTDCpg;,.. as excessive combustion
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Figure 7.7: Dual injection strategy, showing advanced (top) and retarded (bottom)
secondary injections with FSP=60/40 and relative to other significant timing
parameters.

instability is observed with further retard. The position of SOI1 is fixed in the
intake stroke at 240 deg bTDC gy, due to its mixing, as demonstrated in Chapter 4.
The minimum percentage of secondary fuel mass is limited to 40% at 6 bar BMEP

due to the limitation of the DI CNG injector opening time.

Figure 7.8 shows the BTE, COVygp, and UHC emissions as a function of SOI2
timing with a FSP of 60/40 using stoichiometric and lean operation at 2000 RPM
for different loads. The result for the single injection at 240 deg bTDCg;;. is also
plotted as a reference. UHC trend increases from the single injection value
irrespective of the load and A as SOI2 moves towards ignition. This can likely be
attributed to a less homogeneous in-cylinder mixture distribution due to the
decreased mixing time for a portion of the fuel charge, particularly with the most
retarded SOI2. This is consistent with the results of the SOI variation tests using
the single injection strategy as shown in Fig. 4.5 of Chapter 4, where retarded
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injection also demonstrated higher UHC emissions. The impact of secondary
injection timing on BTE and COVygp is also shown in Fig. 7.8, which again
demonstrates diminished engine performance with SOI2 retard compared to the

reference single injection.
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Figure 7.8: Effect of secondary injection (SOI2) timing on UHC emissions, BTE,

7.2.2 Effect of secondary injection fuel mass

Figure 7.9 demonstrates the impact of two different fuel mass splits (i.e., FSP 60/40
and FSP 40/60) on UHC and BTE at 2000 RPM, 6 bar, and A = 1.4. UHC
emissions increase with both FSP when SOI2 is retarded towards ignition, and FSP
40/60 case exhibits higher UHC compared to FSP 60/40 case for a given SOI2. This
can be attributed to a reduction in mixture homogeneity due to higher secondary
injection fuel mass for a given SOI2. As to be expected, the FSP 40/60 case also
demonstrates lower BTE due to the lower combustion efficiency associated with this

higher UHC.

The impact of FSP on UHC and BTE is further shown in Figure 7.10 for 2000
RPM, 8 bar and A = 1 condition. = An engine load of 8 bar BMEP is chosen
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2000 RPM, 6 bar BMEP, A = 1.4
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Figure 7.9: Effect of FSP on UHC emissions and BTE at 2000 RPM, 6 bar BMEP
and A = 1.4.
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for this test as it provides the flexibility for a FSP of 75/25 due to a sufficiently
long injection duration during the second fuel pulse. As shown in Fig. 7.10, UHC
emissions increase with both FSP when SOI2 is retarded towards ignition. However,
the increase of UHC emissions for FSP 75/25 relative to those of a single injection
is not as significant as those of FSP 60/40 over the range of SOI2 timing. This
indicates that further decreasing the proportion of fuel in the secondary fuel injection
could prove beneficial if the injector was able to do this. These results suggest that
additional investigations into multi-pulsing with DI CNG might be warranted using
a more flexible injection hardware than was available in the present study, as others

have recently found [129].

7.3 Combined dilution strategy

Chapter 6 showed that CNG fuelled lean-burn operation close to the lean limit at
low loads has high UHC emissions despite the fuel economy benefits. Lean-burn
operation was also shown to suffer from high NO, emissions near stoichiometry,
suggesting a potential benefit of using EGR dilution at high loads. Therefore, Fig.
7.11 presents a strategy for combined dilution at part loads ranging from 3 to 8 bar

BMEP. The strategy consists of the following:

(a) use lean operation with A = 1.4 and throttling for engine loads ranging from 3 to
6 bar BMEP to maintain high fuel efficiency and avoid high UHC emissions. Note
that the use of EGR dilution is not an option at low loads because UHC emissions

were high at these conditions, as shown in Chapter 5.

(b) use stoichiometric, EGR dilute operation for loads from 6 bar to 8 bar BMEP as
lean operation close to stoichiometry suffered from high NO, emissions (Fig. 6.8).
The EGR rates for this combined dilution strategy are similar to the rates used for

EGR dilution in Chapter 5 at the same conditions.

7.3.1 Fuel economy and engine-out emissions

Figure 7.12 compares the brake thermal efficiency of the combined strategy along

with the results for the lean and EGR dilute operation demonstrated in previous
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Figure 7.11: Variation of A\, EGR rate, and MAP for the combined dilution strategy
over a range of part load operation with CNG fuelling

chapters at three different engine speeds. The combined strategy has intermediate
BTE, which is unsurprising given its combined use of air and EGR dilution. At
low loads, combined dilution demonstrates a considerable reduction in UHC
emissions relative to lean operation, as shown in Fig. 7.13. Furthermore, NO,
emissions are lower than the lean results at all three engine speeds, as shown in
Fig. 7.14, particularly at higher loads where the use of EGR and stoichiometric

combustion results in much lower NO, emissions than lean-burn.

Total CO, equivalent emissions are now used to assess if the combined dilution
strategy can provide an overall benefit, where the UHC and NO,, emissions are again
used in COy, calculation, as defined in Eq. 3.5.1. Fig. 7.15 shows that, depending on
the speed and load, COy. emissions can be lower with the combined strategy since

it incorporates attractive aspects of these two other strategies.

Of course, as discussed in Section 6.4, the choice of after-treatment system is key
to determining whether a given strategy is best in a vehicle. As the combined
strategy uses air dilution at part load, it is not thought prospective for use with a
three-way catalyst, suggesting that a similar approach to the air dilution case will
be preferable. This will most likely involve an oxidation catalyst and selective

catalytic reduction (SCR). Since the primary benefit of the combined strategy
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Figure 7.12: Comparison of part load BTE for EGR, lean, and combined dilution
operation with CNG fuelling as a function of BMEP at (a) 1500 RPM, (b) 2000
RPM, and (c) 2500 RPM.
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Figure 7.13: Comparison of part load UHC for EGR, lean, and combined dilution
operation with CNG fuelling as a function of BMEP at (a) 1500 RPM, (b) 2000
RPM and (c) 2500 RPM.
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Figure 7.14: Comparison of part load NO, for EGR, lean, and combined dilution
operation with CNG fuelling as a function of BMEP at (a) 1500 RPM (b) 2000
RPM, and (b) 2500 RPM.
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appears to be its avoidance of high engine-out NO, emissions, the SCR system
should be smaller and therefore involving lower operational cost than a SCR
system for a pure, lean-burn engine. However, since the BTE of the combined
strategy is lower than that of the air dilution strategy, further work is required to
determine whether the combined strategy will be preferable overall to either the

air dilution or EGR dilution approaches.

7.4 Summary

This chapter investigated various, more advanced engine control strategies that
might enhance DI CNG engine performance relative to the earlier studies of
dilution with air and EGR. The impact of hot internal residual gases (i-EGR) on
BTE and engine-out UHC emissions was first examined by controlling the phasing
of the intake valve advance and exhaust valve retard. It was observed that varying
the i-EGR rate in this manner has little effect on BTE and was not effective in

mitigating engine-out UHC emissions.

The effect of split injections on UHC emissions was then examined at part loads
by varying the secondary injection timing and the split of fuel mass between the
two injections. In contrast to other published studies [80, 129], these experiments
also did not show an improvement in BTE and UHC emissions versus the reference
single injection, suggesting that the injection hardware may need to have a faster

dynamic response to exploit such opportunities.

Finally, a combined dilution strategy was examined in an attempt to combine some
of the favorable characteristics of both air and EGR dilution. In some cases, this
combined strategy was able to achieve lower COs, emissions at part load than the
other approaches studied, while also avoiding some of the extremes in the UHC and
NO, emissions that result from air and EGR dilution in different parts of the engine
map. However, since the BTE of the combined strategy is always lower than that
of the air dilution strategy, further work that considers vehicle tailpipe emissions in
the field is required to determine whether the combined strategy will be preferable

overall to either the air or EGR dilution approaches.
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Chapter 8

Conclusions and

Recommendations

8.1 Conclusions

This work presented an experimental and numerical study of the performance of a 4-
cylinder, downsized and boosted, spark-ignited production engine when employing
directly injected compressed natural gas (DI CNG) and gasoline direct injection
(GDI). Three different charge preparation strategies were investigated for both fuels
over a range of engine speeds and loads: stoichiometric engine operation without
external dilution, stoichiometric operation with external exhaust gas recirculation
(EGR), and lean burn. Furthermore, the impact of internal residual gases, multiple
fuel injections per cycle, and the combined use of air and recirculated exhaust gas
dilution on engine performance were also explored. The key findings of the work are

as follows.

1. An optimized DI CNG engine was shown to have comparable
performance to a gasoline-fuelled equivalent at stoichiometric
conditions, but without the peak torque loss that is characteristic of

CNG PFI systems.

Three different injection strategies were first investigated for DI CNG at part load

under stoichiometric conditions. It was observed that mixture homogeneity was
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desirable for fuel economy and emissions, with intermediate SOI timings exhibiting
the best performance due to the combined effect of sufficient mixing time and

reduced pumping losses.

Next, the stoichiometric part load performance of DI CNG with intermediate SOI
timings was compared with equivalent gasoline fuelled operation. At part load, both
DI CNG and GDI were able to achieve MBT timing and showed similar thermal
efficiencies. This was because the higher combustion efficiency and lower pumping
losses of DI CNG were offset by its higher compression stroke work compared to

that of GDI operation.

However, this work also demonstrated that directly injecting CNG after IVC using
a highly retarded SOI timing produced the same peak torque as the gasoline fuelled
engine. A substantial improvement in fuel economy was also observed with DI CNG
relative to GDI at this higher load operation under stoichiometric conditions. This
was primarily because MBT timing was maintained for CNG due to its superior
knock resistance, whereas ignition timing was retarded for gasoline to avoid auto-

ignition at these conditions.

2. The use of charge dilution demonstrated improved fuel efficiency
with DI CNG and GDI operation, with lean-burn and EGR each
outperforming the other at different operating conditions when using

different performance metrics.

The impact of charge dilution using EGR or excess air with DI CNG and GDI
operation was examined and compared with the stoichiometric operation without
dilution. It was suggested that optimization of the fuel efficiency with either form
of dilution required a balance between the positive impact of lower in-cylinder heat
losses and less pumping work, and the negative impact of higher energy lost to the
exhaust, either via sensible enthalpy or unburned fuel. For equivalent quantities of
charge dilution with CNG fuelling, higher BTE was observed with lean-burn
relative to EGR dilution primarily due to shorter combustion duration and lower
unburned fuel energy. Furthermore, both DI CNG and GDI lean-burn operation
exhibited similar thermal efficiency at a given air dilution level, whereas EGR

dilution demonstrated higher BTE with GDI than with DI CNG at the same EGR
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rate due to gasoline’s faster flame speed.

The engine-out total COy equivalent emissions for the part load performance of DI
CNG under stoichiometric, EGR and air dilution conditions were then assessed.
DI CNG operation with EGR dilution exhibited slightly better greenhouse gas
emissions relative to stoichiometric operation without dilution. CNG fuelled
lean-burn operation demonstrated a significant reduction in COs emissions
compared to the other two modes, though total CO, equivalent emissions were not
as favourable due to lean-burn’s higher NO, emissions near stoichiometry and
significant UHC emissions at low loads. However, while the GHG emissions from
these different dilution with DI CNG were lower than those from stoichiometric
GDI operation, assessment of which is superior requires consideration of the

after-treatment system before a final choice of combustion strategy is made.

3. Using turbulent premixed flame theory, the modelled onset of bulk
flame quenching correlated with measured indicators of combustion

quality across a range of different engine operating conditions.

Premixed turbulent combustion simulations were performed for both DI CNG and
GDI under stoichiometric and dilute conditions, where the latter included EGR
and lean-burn. The flame speed results demonstrated decreasing trends with the
increase of dilution levels for both fuels, and this effect was most pronounced with
CNG. At similar dilution levels with CNG fuelling, lean-burn exhibited higher flame
speed than that with stoichiometric EGR operation due to improved mixture heating

value in the presence of excess oxygen.

The premixed turbulent flame theory of Bradley [60, 62, 70] was then utilized to
model the severity of turbulent flame quenching. This showed that the
substitution of gasoline with CNG, an increase in charge dilution, or a higher
engine speed all increased the impact of flame quenching. For both fuels and both
charge dilution strategies, a correlation was observed between the modelled onset
of flame quenching and increased UHC emissions and COVyygp, particularly at
the early stages of combustion. This provided physical insight into the role of

charge dilution on combustion and engine performance.
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4. The combined use of air and EGR dilution avoided high engine-out
NO, emissions at some operating conditions, and may be superior to the

use of solely air or EGR dilution.

A combined dilution strategy that incorporated the favorable characteristics of both
air and EGR dilution was investigated with DI CNG at part load, and was shown
to achieve lower engine-out GHG emissions in some cases. Since the primary benefit
of this strategy appeared to be its avoidance of high engine-out NO, emissions,
its lower BTE compared to pure, air dilution necessitates further study with an
after-treatment system in place to determine its performance relative to air or EGR

dilution.

8.2 Recommendations for future work

8.2.1 Investigation in a high compression ratio DISI engine

designed for DI CNG operation

In this thesis, DI CNG work was performed in a test engine based on a modern,
GDI engine, which had a relatively low compression ratio of 9.3 and was designed
for wall-guided, DI liquid fuel. This engine design was not ideal for probing the
maximum fuel efficiency attainable with DI CNG, as it could not test CNG at the
autoignition limit and the in-cylinder mixing strategy was optimized for liquid fuel
injection. It is proposed that future work utilizes a higher compression ratio engine
and a combustion chamber design better-suited to gaseous fuel DI. In addition, valve
lifts and the associated intake and exhaust valve timings should be investigated in
this future work. These are not studied in detail in this thesis; however, they are

expected to have an impact on engine performance.

8.2.2 Drive cycle analysis for GHG footprint using post-

catalyst emissions

This work assessed the efficacy of a particular engine operating strategy in terms
of fuel efficiency and engine-out GHG emissions without regard to the

after-treatment system. However, exhaust gas conditions such as EGT varied
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significantly with different engine operating modes, particularly with external
diluent operation. These factors are likely to have a significant impact on the
performance of a conventional catalyst and, therefore, on the tailpipe-out
emissions. This is potentially problematic for UHC emissions with DI CNG
operation due to methane’s high light-off temperature. Future work is therefore
required to perform drive cycle analysis of a conventional powertrain using the
measured post-catalyst GWP emissions, which will provide an overall GHG
footprint for different engine operating modes with DI CNG. This work can be
further extended to estimate the GHG emissions reduction with hybrid powertrain
configurations. Furthermore, energy consumption associated with the storing of
natural gas at 200 bar for vehicle use may have a significant implication on GHG
footprint. = Therefore, a life-cycle analysis of CNG vehicles is necessary to

demonstrate the overall GHG footprint of CNG as an automotive fuel.

8.2.3 Implementation of advanced strategies for methane

based UHC emissions reduction

This work demonstrated a significant fuel economy improvement potential with DI
CNG, mainly using lean-burn operation. However, this benefit cannot be fully
realized due to potential increase in GWP emissions, particularly methane-based
UHC emissions. Various in-cylinder techniques, such as the utilization of hot i-EGR,
multiple-injections, and combined dilution, were briefly examined in this study to
address these issues. The resolution of this UHC issue can be investigated in future
work using a more effective multiple injection system (i.e., the capability to inject
less fuel in the first pulse) or with a pre-chamber ignition concept. In addition, a

catalyst heating strategy for methane oxidation can be explored.
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Appendix A

Calculation procedure

A.1 Burn parameter based on ‘Rassweiler and

Withrow’ method

The calculation procedure for the burn rate and related parameters based on

‘Rassweiler and Withrow’ method [37, 154] are as follows:

1. Selection of crank angle resolved representative in-cylinder pressure data,
positions of intake valve closing (IVC), exhaust valve opening (EVO), and ignition

timing.

2. Estimation of the end of combustion (EOC) position, which is the crank angle at

which the first derivative of pressure with crank angle is zero (i.e., 2 ~ 0).

3. Calculation of compression index, ne,, and expansion index, ney, based on the
linear regression fit using pressure and volume data from IVC to spark and from

EOC to EVO, respectively.

4. Calculation of combustion polytropic index, n. over the crank angle duration from

spark to EOC using Eq. A.1.1.

1e(1) = Neom + [0(1) — Ospary] * —czp—eom (A.1.1)
QEOC - espa'rk

5. Estimation of the pressure rise (AP.) due to combustion and then the mass
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fraction burned (x;) at the end of the i crank angle using the following Eqs. A.1.2
and A.1.3, respectively. This will provide the crank angle location of 50% MFB and
10-90% MFB duration.

i)\ "® i
NG P(i+1)_p<¢)*(%) VZV”n (A.1.2)
S ARG
(i) = el _ spark (A.1.3)

my(total) Eic AP (2)

Spark

6. Finally, the curve fitting of estimated burn profile in the following Wiebe function
Eq. A.1.4 to obtain the Wiebe exponent, m.

[a ( 0() O gpar ) m“}
m=1—c¢ otal . (A.1.4)



Appendix B

Additional experimental results

B.1 Effect of different turbomachinery control
modes

The effectiveness of two turbomachinery control modes mentioned in Section 3.2.3
is examined at 1500 RPM over the loads ranging from 5 to 8.2 bar BMEP using
excess air diluent and maintaining MAP of 1 atm. Two control modes are: Mode 1
corresponding to normal turbomachinery operation with factory settings, and Mode
2 representing turbomachinery operation with a fully open wastegate. Fig. B.1 shows
the operating A and BTE for both Mode 1 and Mode 2 over the loads, where Mode

2 allows higher \ for a given load, resulting in improved BTE than Mode 1.

Furthermore, as shown in Fig. B.2, higher exhaust gas pressure and temperature
are measured downstream of the turbomachinery with Mode 2 operation relative to
Mode 1 as exhaust gas enthalpy is not utilized by the turbine in Mode 2 due to the

fully open wastegate operation.

The increased Prggneust can be helpful to recirculate the exhaust gas back into
the intake system during EGR dilute operation. In addition, higher EGT can be
beneficial for catalytic converter. This indicates that the Mode 2 operation is more
effective than the Mode 1 at part load. Note that the engine operation with Mode

2 is applicable over the range of part load if the boosting is not mandatory.
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Figure B.1: Comparison of A and corresponding BTE over the range of part load at
1500 RPM for two different turbomachinery control modes.
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Figure B.2: Comparison of exhaust pressure (Prgpeus) and exhaust gas
temperature (EGT) over the range of part load with excess air dilution at 1500
RPM for two different turbomachinery control modes.



B.2 Effect of injection timing with dilute
operation

The effect of the start of injection timing on engine performance for dilute operation
are examined over a range of part load at 1500 RPM with two different SOI of 240
and 280 deg bTDCpg.. The two SOI examined here are from the range of injection
timings that yielded optimal engine performance at part load for stoichiometric DI
CNG operation. Figure B.3 shows that both the SOI timings demonstrate a similar
brake thermal efficiency for a given A under the same part load. This indicates that

the variation of A\ has minimal influence on the impact of SOI.

36
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Figure B.3: Comparison of BTE and corresponding A\ over the part loads at 1500
RPM for two different start of injection (SOI) timings with CNG fuelling.



Appendix C

Technical Drawing

C.1 Engine Mounting
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C.2 DI CNG Injector drawing
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